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ABSTRACT
The era of modern power electronics started with the invention of the thyristor in 1956. Since then power
electronics has gone through a dynamic evolution. Electrical power is processed by power electronics to
make it suitable for various applications. The processing involves conversion and control using
semiconductor switches. Advances in the field of electronics have resulted in a significant increase in
density integration and miniaturization of electronic devices. These improvements have led to ever
increasing level of power dissipation. While conventional cooling technologies have sufficed until now,
no straightforward extension is possible anymore for the high heat loads faced by the industry. Currently
many different cooling technologies are in development in research laboratories across the world
competing to solve the challenge of cooling the next generation of high heat flux devices.
Two-phase flow boiling in microchannels is one of the promising technologies currently under
investigation. The aim of this study was to characterize and optimize a compact two phase loop
thermosyphon with enhanced boiling surface for power electronics cooling. In the framework of this
study, three different enhanced multi microchannel surfaces, with hydraulic diameters of 1.71, 1.33 and
0.92mm, and three different condensers, having both straight and wavy fins, were experimentally tested
and compared. The target was to identify the best configuration for maximum heat load dissipation and
optimum thermal performance. Experiments were conducted with several fluid filling ratios and various
heat loads and air flow rates. The optimum configuration of the system identified, was the one comprised
of the enhanced surface with the biggest hydraulic diameter of 1.71mm and a condenser with straight fins
and the highest fin density tested. With this configuration it was possible to dissipate a heat load of
1500W efficiently, with a maximum base plate temperature of 75°C and a maximum temperature
distribution around 10°C. On the chip level this heat load corresponds to a heat flux of 125W/cm2.
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NOMENCLATURE
A

: area (m2)

Ac

: cross-sectional area of fin (m2)

Acch

: cross-sectional area of microchannel (m2)

Afin

: wetted fin surface area (m2)

B

: width of channel structure (m)

Cpl

: specific heat capacity

d

: diameter (m)

D

: length scale ( Acch ) (m)

DH

: hydraulic diameter (m)

FPF

: pressure correction factor (-)

g

: constant of gravity (m/s2)

G

: mass velocity (kg/m2s)

h

: heat transfer coefficient (W/m2K)

H

: height (m)

hlv

: latent heat of vaporization (kJ/kg)

I

: current (A)

k

: thermal conductivity (W/m K)

l

: height (m)

L

: length (or pumping height) (m)

mɺ

: mass flow rate (m3/s)

M

: molecular mass (g/mol)

m

: parameter defined as: m =

N

: number of fins (-)

nf

: exponent (-)

P

: perimeter (m)

hP kAc (1/m2)
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P

: pressure (Pa)

Pg

: hydrostatic pressure (Pa)

Pr

: reduced pressure (-)

q

: heat flux (W/m2)

Q

: heat load (W)

R

: thermal resistance (K/kW)

T

: temperature (°C or K)

V

: voltage (v)

w

: fin separation (m)

wf

: fin thickness

x

: location along fin (m)

GREEK SYMBOLS
ε

: surface roughness (μm)

η0

: efficiency (-)

μ

: dynamic viscosity (kg/ms)

ρ

: density (kg/m3)

σ

: surface tension (N/m)

NON-DIMENSIONAL NUMBERS
Bd

: Bond number = g ( ρl − ρ g ) d 2 σ

Npch

: phase change number = 96.65( Bd

Re

: Reynolds number = GD µ

0.5

SUBSCRIPTS
0

: reference state

a

:air

ao

: onset of annular flow
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⋅ Re)−0.258

atm

: atmosphere

b

: base

c

:cross section

ch

:channel

con

: condenser

cr

: critical

diff

: difference

el

: electrical

eva

: evaporator

ext

: external

f

: fluid

fin

: fin

g

: gas

i

: inlet

l

: liquid

max

: maximum

o

: outlet

p

:pressure

sat

: saturation

sp

: single-phase

sub

: subcooling

sup

: superheating

th

: thermal

tot

: total

v

: vapor

w

: wall
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ABBREVIATIONS
CD

: condenser

CHF

: critical heat flux

Eva

: evaporator

SP

: single-phase

TP

: two-phase
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1.INTRODUCTION
1.1.
1.1.1.

BACKGROUND INFORMATION
THERMAL MANAGEMENT OF POWER ELECTRONICS

HEAT DISSIPATION
Advances in the field of electronics have resulted in a significant increase in density integration and
miniaturization of electronic devices. These improvements have led to ever increasing level of power
dissipation. A well-known example can be taken from the computer industry. In 1965 Gordon E. Moore
predicted that the semiconductor transistor density and hence the performance would double every 18
months (Moore, 1965). Referring to figure 1(left), this prediction, known as Moore’s law, has been
supported by history ever since. These trends of device advancement are directly correlated with the
power dissipation, which has experienced an almost exponential increase for years, as shown in figure
1(right). The same trend is evident in the power electronics industry. While conventional cooling
solutions have always done the job until now, no straightforward extension is possible anymore. To meet
the steadily increasing cooling demand of power electronic devices, different technological solutions need
to be explored. Nonetheless, power dissipation management cannot be the driving force behind new
designs. New cooling technologies must adhere to the requirements and constraints disposed by the
design of the power electronic devices. Beside geometry, then main constraint for any power dissipation
management is the cost. Therefore, the cooling technology must be cost effective and keep pace with the
reduction in overall package and system cost per function (Anandan and Ramalingam, 2008).

Figure 1: (left) Moore’s law for transistor count in electronics industry (right) Timeline of module heat fluxes in microprocessors

THERMAL MANAGEMENT LEVELS
Modern electronic cooling problems can be broadly divided into three levels as is illustrated in figure 2
(Nakayama, 1988). First level cooling covers heat dissipation from a chip directly to the chip carrier. In
power electronics the chip carrier is usually a substrate containing multiple chips. Second level cooling is
concerned with the thermal path from the chip carrier to the casing/cold plate. Finally, third level cooling
is the heat rejection from the cold plate to the ambient. First level cooling and third level cooling are
often termed “cooling on the chip level” and “cooling on the base plate level”, respectively. The focus in
-9-

this study is on cooling of power electronic modules on the base plate level. Historically, the second and
third level cooling technologies were primarily based on natural convection or forced convection cooling
technologies (Khandekar, 2004). Continued stringent demand has led to the current development of
various technological solutions, showing different advantages and drawbacks. Four of these show
promising results: (i) single-phase flow in microchannels, (ii) single and two-phase flow in porous media,
(iii) jet impingement cooling, and (iv) two-phase flow in microchannels (Agostini et al., 2007)

Figure 2: Typical Thermal management levels (Khandekar, 2004).

TEMPERATURE DEPENDENCE
The primary goal of any cooling system is to enhance the module performance and reliability, which are
strong functions of temperature. The temperature fundamentally plays a role in the device functionality,
since many electrical parameters are temperature dependent. Poor thermal management may lead to
device failure since most mechanisms of physical failure are dependent on absolute temperature,
temperature differences or spatial/temporal differences. Therefore, it is important not only to keep the
maximum temperature below a certain limit but also to maintain as uniform temperature distribution as
possible.

1.1.2.

ELECTRONICS THERMAL MANAGEMENT STRATEGIES

To meet the increasing cooling demand of power electronics several different technologies have been
suggested. Table 1 summarizes the contemporary electronic thermal management strategies (Khandekar,
2004, Anandan and Ramalingam, 2008). A brief review of these cooling strategies will be presented so
that the concept of two-phase loop thermosyphons can be better appreciated in the context of prevailing
trends. At this point it is informative to evaluate figure 3, which provides a good graphical comparison of
common heat transfer modes and their performances.
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Table 1: Summary of electronic cooling methods

Single-Phase
Technology

Two-Phase
Technology

Special
Technology

Natural convection
(air or liquid)
Forced convection
(air or liquid)

Pool boiling
Falling film
Liquid jet impingement cooling
Flow boiling

Thermoelectric devices
Phase change material based
cooling
Heat pipes
Thermosyphons

Figure 3: Common heat transfer modes and their respective performance

AIR AND LIQUID COOLING
Air cooling is the simplest method of thermal control most widely used for variety of electronics systems.
The advantages of air cooling are its readily availability and ease of application but its thermo-physical
properties render it less attractive. In general, liquid cooling is far more effective than gas cooling for
high power electronics, since liquids have better thermo physical properties and yield higher heat transfer
coefficients than gases. However liquid cooling comes with its own risk and potential problems such as
leakage, corrosion, extra weight and condensation. While water may be employed for indirect cooling,
electrical insulation requirements demand the use of dielectric fluids for direct cooling options
(Khandekar, 2004).

NATURAL AND FORCED CONVECTION
Natural convection is desirable because of its simplicity and maintenance free systems. Circuit boards that
dissipate up to about 5 W of power can be cooled effectively by natural convection (Cengel, 2002).
When natural convection cooling is not adequate, usually due to constraints in size or volume, forced
convection is provided by external means such as a fan, a pump, a jet of air, etc. Forced convection
cooling techniques can enhance the heat transfer coefficient by a factor ranging from 5-12 compared to
cooling by natural convection depending on the configuration (Moffat, 1988). But the additional
equipment required affects the cost, reliability, acoustic levels, ease of operation etc.

- 11 -

POOL BOILING
Pool boiling is the simplest example of phase change electronic cooling techniques. The technique is
based on a complete immersion of the electric components in a dielectric fluid. The heat transfer
coefficient is about 10-50 times higher than that for a single-phase forced convection with the same
working fluid (Chu, 1999). Pool boiling technique is limited in application due to space constraints and
the critical heat flux imposes a higher limit to the cooling capacity (Khandekar, 2004).

FALLING FILM
In falling film cooling, a coolant driven by gravity flows along a vertical/inclined hot surface. To
increase performance boiling is induced. Although this technique has demonstrated higher critical heat
flux than pool boiling, it is not very popular due to various constraints (Khandekar, 2004). Some major
limitation includes space and support system requirements, lack of versatility and uncontrolled cooling
(Grimley et al., 1988).

LIQUID JET IMPINGEMENT
Liquid jet impingement involves a jet(s) of liquid coolant with high heat transfer coefficients directed at
the heat source to cool the surface. Large heat transfer rates will occur at or near the stagnation point and
drop off further away. Depending on the surface temperature of the component and the working fluid, the
jet impingement can be single or two-phase heat transfer. In a two-phase configuration it is possible to
achieve very high heat fluxes. However, the need of recirculation loop, control of jet velocity, possibility
of surface erosion and nozzle obstruction are some of the major disadvantages (Khandekar, 2004).

THERMOELECTRIC DEVICES
Thermoelectric cooling are solid state pumps, which draw electrical energy along with several
phenomenon, the Peltier, Seeback and Thomson effects to implement cooling. It is used in application
where temperature stabilization, temperature cycling or cooling below ambient are required (Anandan and
Ramalingam, 2008). Thermoelectric coolers have the advantage of being compact, quiet, free of moving
parts and easy to control. Major disadvantages include low flux handling capacity coupled with low
coefficient of performance, material costs and additional consumption of power (Khandekar, 2004).

PHASE CHANGE MATERIAL BASED COOLING
Phase change energy storage is not a widespread cooling technology but is well suitable for transient
power dissipation by electronics. It is based on heat absorption/release when a material reversibly
changes its phase. The phase change is usually between solid and liquid states. This technology is
convenient to absorb peak energy loads during one time of the day and reject that heat load at another
time. The major disadvantages of this technique are the low thermo-physical properties found in PMCs
and the need for containment of the liquid (Anandan and Ramalingam, 2008).

FLOW BOILING
In flow boiling in microchannels liquid is pumped through an array of microchannels which can be
directly attached to hot surfaces. The working fluid boils in the channels, taking up the dissipated heat.
Heat pipes and thermosyphons, which are the focus of this study, are among the devices which can make
use of this technique. A closer analysis of these devices is given in the next chapters.
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1.1.3.

MOTIVATION FOR PRESENT RESEARCH

The challenge of the current study is to find an efficient, low cost and long term reliable cooling solution
for medium voltage power modules, with minimum maintenance requirements. The medium voltage
power modules of interest in the current study dissipate heat up to about 1500W. Such power modules
contain twelve chips which each of them dissipate heat on an area equal to 1cm2. The highest heat fluxes
encountered on the chip level are thus around 125W/cm2. The maximum allowable temperature on the
chip level is around 125°C but on the base plate level it is about 85-90°C. It is essential to keep the
temperature difference across the base plate below 15°C for reliability of the device.

THE WELL-KNOWN TECHNOLOGY
Single-phase forced convection cooling is a mature technology. The physical understanding is well
advanced which makes the design and dimensioning of such cooling systems feasible and reliable. With
air as the working fluid the potential of the method is limited and rather low heat transfer coefficients can
be achieved, as is illustrated in figure 3 above. For the current challenge, higher heat transfer coefficients
are needed. However, with water as the working fluid, particularly high heat transfer coefficients can
been achieved (refer to figure 3). With such an advanced system operating with water, it is possible to
dissipate very high heat fluxes. On the other hand, for cooling of power electronics, compatibility of the
cooling liquid with the electric circuitry is of high relevance, especially in case of leakage. Therefore, it
is important to use deionized water and to monitor the water properties continuously to maintain safety.
Furthermore, such systems require continuous operation of a pump which besides energy requirements
affects the reliability and maintenance need of the system. Such a complex solution may be feasible for
high voltage power modules. For medium voltage power modules, on the other hand, this is not a very
attractive solution.

THE ATTRACTIVE NEWCOMER
From the above analysis it can thus be stated that from a heat transfer coefficient view the desired cooling
solution should bridge the gap between single-phase forced convection with air and an intermediate
single-phase forced convection solution with water. Simultaneously it should be efficient, low cost and
highly reliable and possess minimum maintenance requirements. Additionally, it must adhere to the
temperature limits of the power module. Referring to figure 3, boiling covers the desirable range of heat
transfer coefficients (and beyond that). With these facts in mind, boiling in microchannels becomes
particularly appealing. The technology is still young but has become the hottest topic of heat transfer
research in the past few years. Its main advantages are that, due to the boiling procedure involved the
system can be operated at lower mass flow rates than single-phase cooling and thus can reduce pumping
power, resulting in a more efficient system. The phase change occurs at constant temperature so that the
temperature along the channels is nearly uniform, which is advantageous for thermal interface durability.
Furthermore, it has been shown that the heat transfer coefficient for flow boiling in microchannels tends
to increase with heat flux and is only mildly dependent on mass velocity (Agostini et al., 2008).
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Figure 4:: Schematic diagram of a two-phase loop thermosyphon (Agostini and Habert, 2010)

THE HYBRID SOLUTION
By installing multi microchannels in a two
two-phase loop thermosyphon system,, see figure 4,
4 an even more
interesting solution is achieved. The beauty of two
two-phase
phase loop thermosyphons is the effortless nature of
the fluid circulation. The mechanism is based on natural circulation which offers a very attractive option
of efficient and noiseless heat transport. This configuration obviates the need for any mechanical moving
parts such as pumps and pump controls. Hence, the reliability and safety of th
thee cooling system is
increased and installation, operation and maintenance costs are reduced. Furthermore, the efficiency of
the system increases when the need for a pump is excluded. Due to the effective latent heat transport
associated with the phase change
ange process in the system, a large quantity of heat is transferred with small
temperature difference. This last remark is particularly desirable for power module cooling to maintain
homogeneous temperature distribution.
The motivation for the current study
dy of a compact two-phase loop thermosyphon system
syste with enhanced
boiling surface for power electronics may be summarized as follows:
•
•
•
•

The potential to bridge the gap between conventional single-phase forced convection cooling with
air and water with an efficient
cient and low cost solution
The potential to offer cooling at the base plate level with more efficiency than that attainable with
conventional air cooled heat sink
sinks having the same dimensions
A system with low pressure drop due to the low mass flow rate an
and
d also by operation at low
vapor qualities
Increased reliability by avoiding the requirement for a pump, rendering the system almost
maintenance free
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•

The ability to meet cooling demands at a very competitive cost

1.2.

CLOSED TWO-PHASE SYSTEMS

This chapter provides an introduction to thermosyphons. The working principle is explained along with a
brief review of a few fundamental aspects of convective boiling in thermosyphons. Before starting the
analysis of thermosyphons it is helpful to identify their relatives among cooling technologies.

1.2.1.

THE FAMILY TREE

Thermosyphons belong to the family of two-phase passive heat transfer systems. Other and perhaps
better known members in the family are heat pipes. These systems are capable of transferring large
quantities of heat with minimal temperature drop. Figure 5 shows a nonexhaustive ‘family tree’ of twophase passive heat transfer systems (Khandekar, 2004). Fundamentally, the systems in this family all
have a ‘similar’ working principle. They rely on continuous evaporation/condensation of a suitable
working fluid for two-phase heat transport utilizing latent heat of vaporization in a closed system.
However, certain differences among them significantly alter the fundamental heat transfer mechanisms.
The first group (Group A) of the family consists of conventional and loop heat pipes. The presence of a
capillary wick for fluid transport is the fundamental characteristic of the group. Traditionally a heat pipe
relies on the porous wick and the generated capillary suction to return the working fluid back to the
evaporator. In conventional heat pipes the two-phases of the working fluid flow in countercurrent
manner. This imposes an undesirable inter-phase shear interaction. The geometrical construction of loop
heat pipes avoids this by separating the two flows rendering it a better alternative.
The second group in the family (Group B) resembles the first one with the exception that in this
configuration there are no wicks. The systems in this group are usually referred to as thermosyphons. In
general, instead of capillary forces this group relies on natural convection using density difference
between vapor and liquid as the driving potential. Similar to group A, the conventional or normal
thermosyphons have a countercurrent flow of the two-phases of the working fluid, which limits the
performance (Groll and Rösler, 1992). Such restrictions can be avoided in design B3, by separating the
flows in two channels. Variation of design B3 is the standard bubble pump. In this design, vapor bubbles
are used to drive the working liquid upwards. The two-phase loop studied in this research is based on a
mixture of design B3 and the standard bubble pump. Another variation of design B3 comes in the form of
an anti-gravity reverse thermosyphon by incorporating a suitable remotely operated valve (Fantozzi et al.,
2002).
Since the condensate does not pass through a wick in thermosyphons, the capillary limit is not a concern
restricting the operation of the device. Avoiding the complex wick structure also makes the
thermosyphon more cost effective. Nevertheless there remain some limits to the maximum amount of
thermal energy that can be transferred using thermosyphons, namely dryout, burnout and flooding. These
limits will be addressed in subsequent chapters.

- 15 -

Figure 5: “The family tree” of two-phase passive heat transfer systems (Khandekar, 2004)

1.2.2.

THERMOSYPHONS

Thermosyphons are two-phase heat transfer devices and referring to figure 5, they belong to group B in
the family tree. They are generally characterized into two groups, conventional thermosyphons and loop
thermosyphons, as is illustrated in figure 6 which gives a schematic diagram of these two systems.
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Figure 6: Schematic diagram of two-phase thermosyphons: (a) conventional thermosyphon, (b) loop thermosyphon (Maydanik et al.,
2011)

CONVENTIONAL THERMOSYPHONS
Conventional thermosyphon comprises of a vacuum-sealed pipe, partially filled with a two-phase working
fluid. Figure 6a shows schematic diagram of this device. When heat is supplied to the evaporation zone,
the liquid begins to boil. The vapor produced, rises up along the pipe axis, to the condensation zone
where the pressure is lower. The vapor condenses and dissipates the heat to an external cooling device.
Subsequently, gravity drives the liquid condensate back to the evaporation zone, in the form of a film
flowing down over the inner surface of the pipe.
With high heat fluxes, the faster vapor flow interacts with the countercurrent liquid flow to generate high
drags and cause flow instabilities (Chang et al., 2012). This configuration leads to a limitation on the heat
transfer capacity of the thermosyphon system owing to the additional hydrodynamic resistance resulting
from the viscous interaction between the vapor stream and the liquid film (Maydanik, 2011). This
resistance increases with increasing heat load and increasing pipe length-to-diameter ratio (Golobic et al.,
1997).

LOOP THERMOSYPHONS
A loop thermosyphon is generally considered as an improvement of the conventional thermosyphon. The
fundamental difference is that the loop thermosyphon has unidirectional refrigerant circulation by
separating vapor and liquid flows in two pipes. This makes it possible to avoid the negative interfacial
interactions between the countercurrent flows of the vapor and liquid phases of the working fluid. Figure
6Figure 6b gives a schematic diagram of this device.
When heat is supplied to the evaporation zone in a loop thermosyphon, the vapor travels to the
condensation zone through the vapor line, condenses and dissipates the heat. The density difference
between vapor and liquid is the driving force for the vapor flow. The condensate returns to the
evaporation zone through the liquid line under the action of hydrostatic pressure ∆ Pg arising from the
difference of the liquid levels in the evaporation and condensation zones (Maydanik, 2011)

∆Pg = ( ρl − ρ g ) g ( l2 − l1 ) (1)
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where ρl and ρ g are the liquid and vapor densities respectively, l1 and l2 are the heights of the liquid
levels and g is the constant of gravity. The net driving pressure head in a loop thermosyphon is required
to counteract the friction and form drags as well as the pressure drops attributed from flow
acceleration/deceleration, bends, contractions and enlargements through the flow pathway (Fantozzi,
2004).
Although the working principle of thermosyphons may seem trivial the two-phase heat transfer
mechanisms are not very well understood. Furthermore, the use of multi microchannel enhanced boiling
surfaces in the evaporator section further increases the challenge. Nearly every experimental study on
flow boiling and flow regimes in microchannels has shown that the top rated macroscale flow boiling
models and maps do not extrapolate well down to this order of magnitude in decrease in channel sizes.
For the past years the focus point of thermosyphon research published in the open literature has mainly
been in favor of the conventional thermosyphons, rendering the loop thermosyphons still as an
exploratory subject that requires prototypes to be tested and optimized.

1.2.3.

REVIEW OF FUNDAMENTAL ASPECTS

To provide background to the discussion of the two-phase thermosyphon loop analyzed in the current
study, a few fundamental aspects will be introduced and explained. The intention is to equip the reader
with the right tools to follow the upcoming analyses and discussions.

FLOW PATTERNS
The working fluid in the thermosyphon loop flows internally through the evaporator channels and collects
the dissipated heat from the power module. Under general working conditions the heat causes a phase
change of the liquid stream. When the fluid is vaporized, the liquid and the vapor generated take up a
variety of configurations known as flow patterns. The particular flow pattern depends on the conditions
of pressure, flow, heat flux, and the channel geometry. For illustration, figure 7 shows a schematic
representation of a vertical tubular channel heated by a uniform heat flux and fed at its base with liquid
just below saturation temperature (Collier et al., 1994).
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Figure 7: Flow patterns in a tubular channel heated by a uniform heat flux

In the initial single-phase region the liquid is being heated to the saturation temperature. A thermal
boundary layer forms at the wall and a radial temperature profile is set up. At some position further up
the tube the wall temperature exceeds the saturation temperature and the conditions for the formation of
vapor at the wall are satisfied. Vapor bubbles start growing and finally detaching to form a bubbly flow.
The bubble population increases further up the tube as more vapor is produced. Bubble coalescence takes
place to form slug flow which in turn gives way to annular flow further along the channel. Close to this
point the formation of vapor at sites on the wall may cease. Subsequently evaporation will take place at
the liquid film-vapor core interface. Increasing velocities in the vapor core will cause entrainment of
liquid in the form of droplets. The depletion of the liquid from the film by this entrainment and by
evaporation finally causes the film to dry out completely. Droplets continue to exist and are slowly
evaporated until only single-phase vapor is present (Collier et al., 1994).
Although all of these flow patterns may occur in the microchannels of the evaporator in thermosyphon
systems, slug flow and bubbly flow are the desired patterns. As will be explained later, these flow
patterns are desired to avoid dryout and sustain safe operation of the system.

HEAT TRANSFER
Fundamentally, convective heat transfer can take place as sensible heat (single-phase convection) or latent
heat (two-phase convection). For example, figure 8 shows the heating process of water at constant
pressure. Below the liquid saturation temperature, any heat input will result only in liquid temperature
increase, i.e. sensible heat transfer. As more heat is transferred to the fluid the fluid temperature reaches
- 19 -

the saturation temperature. Any further heat addition causes the liquid to start boiling and vapor is
i
produced at constant temperature, i.e. heat is transferred as latent heat of vaporization.. At this point the
fluid consists of a mixture of vapor and liquid phases in a thermodynamic equilibrium. When the liquid
has been completely vaporized, the flu
fluid is in single-phase again, and further heat addition will cause the
vapor to be superheated. The heatt transfer again takes place as sensible heat transfer.. Referring to figure
8, the advantage of a two-phase heat transfer is that 55-10 times more energy is exchanged compared to
single-phase heat transfer.

Figure 8:: Comparison of sensible heat and latent heat for water

Thermosyphons, being two-phase
phase heat transfer devices, profit from this principle. In terms of heat
transfer, the highest efficiency is achieved when the thermosyphon is operat
operating
ing in the two-phase region.
Regions of heat transfer for a vertical channel heated by a uniform low heat flux are also displayed in
figure 7. On the left side of the figure the temperature variation of the fluid and the channel wall is
showed. Three distinctive situations are of primary interest:
•

•

•

If the temperature of the fluid entering the channel is below the saturation temperature, i.e. the fluid
quality is below 0,, the heat transfer is single-phase convective heat transfer to the liquid phase. This
condition is referred to as subcooling. Subcooling is unfavorable since less energy is exchanged
(single-phase heat transfer) and
nd also because this leads to uneven temperature distribution in the
channel as illustrated in figure 77.
If the quality of the vapor is in the range from 0 to 11, vapor and saturated liquid exist in
thermodynamic equilibrium. At this condition boiling and evaporation take place and the heat
hea
transfer is the favorable two-phase
phase forced convective heat transfer.
At some critical value of the vapor quality complete evaporation of the liquid film can occur at some
locations. These areas may get rewetted automatically and then the situation is referred to as partial
dryout. However, when the vapor permanently blankets the surface dryout results. This transition is
accompanied by a rise in the wall temperature of the channel. The condition is referred to as
superheating and is particularly unfavorable. First of all the wall temperature increases and the
thermosyphon might not be able to provide adequate cooling. The heat transfer in this region is
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primarily single-phase convective heat transfer, superheating the vapor. This results in uneven
temperature distribution in the channel which in the most severe cases might lead to thermal failures.
In theory the ideal working condition for a thermosyphon system is the second condition above.
Nonetheless, in practice subcooling and superheating can be present in the evaporator channels. It is
therefore part of the design optimization procedure to attempt to minimize these phenomena, especially
the superheating. To characterize the level of subcooling and/or superheating in a thermosyphon system
the following definitions are used

∆Tsup = T − Tf _ sat (2)
∆Tsub = T − T f _ sat (3)
Where ∆Tsup and ∆Tsub are the levels of superheating and subcooling, respectively, Tsat is the fluid
saturation temperature and T is the local fluid temperature. Subcooling is usually given as a negative
value.

START-UP HEAT
To start the circulation of the working fluid in the thermosyphon loop a certain minimum amount of heat
is required. Only single-phase convection occurs if the heat is below that for onset of nucleate boiling
under the specific working conditions. If this heat is surpassed boiling will exist. When boiling exists,
vapor bubbles grow and collapse near the channel wall and the heat transfer coefficient increases
substantially because of the two-phase flow effect, this triggers the circulation of the working fluid in the
system.

CRITICAL HEAT FLUX AND DRYOUT
Critical heat flux (CHF) and dryout are two distinctive critical conditions which may occur in two-phase
channel flow. The critical heat flux is a working limit; it is the maximum heat flux beyond which the
thermosyphon experiences temperature runaway, which is an unstable condition. The CHF condition
represents a situation at which there is more or less sudden decrease in the value of the heat transfer
coefficient of one or two orders of magnitude as compared with the values obtained in the two-phase
forced convective areas. This decrease is a consequence of the fact that the heat transfer surface is no
longer completely wetted by the liquid phase. Vapor now completely or partially blankets the surface and
heat transfer is no longer to a highly conducting liquid but to a poorly conducting gas (Collier et al.,
1994). Referring to figure 9, it will be noted that such a condition can occur for both the subcooled and
saturated liquid states.
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Figure 9: Regions of heat transfer where CHF has been exceeded (Collier et al., 1994)

Dryout on the other hand, is a condition which can occur at some critical value of the quality, as
previously mentioned, when complete evaporation of the liquid film in the channel occurs. This region of
heat transfer is called the liquid deficient region. In this region heat is primarily transferred by singlephase convection to the continuous vapor phase with evaporation of the entrained liquid droplets by the
superheated vapor. Dryout is accompanied by a rise in the wall temperature for channels operating with
controlled surface heat flux. This condition of dryout therefore often puts an effective limit on the amount
of evaporation that can be allowed to take place in a tube at a particular value of heat flux (Collier et al.,
1994).
To keep the working condition of thermosyphons far away from the critical heat flux condition and
thereby, to guarantee a safe operation of the device, it is generally attempted to keep the fluid discharge at
the top of the evaporator such that the vapor quality is much below 1. On the other hand, low quality
mixture of vapor and liquid imposes a challenge for the operation of the condenser. Therefore it is
important to design the system in such a way that the liquid can be separated from the vapor before
entering the condenser. In the current study this is achieved by means of a double channel structure in the
evaporator as will be outlined later on.

BUBBLE PUMP EFFECT
As previously mentioned, a standard bubble pump is a system which uses bubbles to lift up or pump
liquid by using thermal energy. This technique can be useful in thermosyphon systems to keep the vapor
quality well below 1 at the top of the evaporator. Thereby, the bubble pump effect helps to avoid dryout
and it enhances the uniformity of the temperature distribution.
The pumping success is achieved by using sufficiently small channels in the evaporator. This ensures that
the bubble growth will be constrained by the hydraulic diameter of the channel, i.e. the flow will be
confined. A vapor bubble initially grows in nearly spherical shape but gradually transforms to a plug
under the influence of the enclosing channel walls. In other words, if the bubble growth is confined the
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bubbles will eventually start to elongate in the vertical direction and are thereby able to transport liquid up
the channel.

1.3.

PROJECT GOAL

The goal of this study is to characterize and optimize a compact thermosyphon with enhanced boiling
surface for power electronics cooling. The cooling level is the so called base plate level. The unique
design of the system will simultaneously shed light on the feasibility of operating a thermosyphon having
the condenser and evaporator sections almost at the same level. Furthermore, this study will contribute to
the promising research of multi-microchannel flow boiling.
In the framework of this study a thorough literature review is provided. Moreover, three different
enhanced surfaces and three different condensers will be experimentally tested and compared. The target
is to identify the best configuration for maximum heat load dissipation and optimum thermal
performance. Several different fluid filling ratios will be tested to characterize the behavior of the system
and map the optimum filling ratios depending on operational conditions. Furthermore, the effects of heat
load and air flow rate will be analyzed. Finally, the results will be compared to empirical correlations.
Besides the requirement of fulfilling the cooling needs of a medium voltage power module, the system
itself is subject to several constraints. The constraints concern overall geometry of the system, cost and
industrial regulations:
•

•
•

The geometry of the system must be such that it would fit into a box with a volume of
220x220x220mm3. This can be attributed to the fact that industrialized cooling solutions must adhere
to the requirement and constraints disposed by the design of the power electronic devices, but not the
other way around. Due to this constraint it was decided to configure the system such that the
evaporator and condenser are almost at the same level.
The cost must be kept low and at a competitive level. This constraint influences the choice of
materials and demands high efficiency.
Finally, since the system is intended for industrialization it must adhere to industrial regulations.
These regulations do for example concern allowable pressure drop and the temperature of the exhaust
air, as will be outlined subsequently.
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2.LITERATURE REVIEW
A thorough literature review was performed to assess the state-of-the-art in microchannel flow boiling
and thermosyphon systems. The review covers numerous topics of interest in microchannel flow boiling
and thermosyphons and is organized in subchapters accordingly. The main focus is kept on microchannel
flow boiling. Very few experimental data or models are available in the open literature for thermosyphons
with the new dielectric fluids at the required working temperatures and channel diameters. Still, available
studies on different thermosyphon configurations are helpful to outline some trends.

2.1.

HIGH HEAT FLUX COOLING TECHNOLOGIES

Different cooling technologies are currently in development in research laboratories with the goal to solve
the challenge of cooling the next generation of high heat flux electronics. Today, most efforts are focused
on three technologies: liquid cooling in copper or silicon micro-geometry heat dissipation elements,
impingement of liquid jets directly on the silicon surface of the chip, and two-phase flow boiling in
copper heat dissipation elements or plates with numerous microchannels. Agostini et al. (2007) compared
these technologies in a comprehensive analysis based on results in the literature (2003-2006) in order to
identify the most promising one. Part of the main information and parameters analyzed in their study is
summarized in table 2. The heat sink thermal resistance mentioned in table 2 is defined as the ratio of the
difference between the wall temperature and the saturation temperature to the total dissipated power.
The findings of Agostini et al. (2007) can be summarized as follows. Single-phase flow in microchannels
has a potential to remove very high heat fluxes, the process is well known and has been optimized for
removal of high heat fluxes. Nonetheless, it is foreseeable that the technology will be limited by the
tremendous pumping power required to keep the temperature gradient in the fluid within acceptable
limits. The use of porous media, either with single- or two-phase flow, is beneficial because of the large
area of the developed surfaces involved, but the pumping power remains high. With the jet impingement
technology it is possible to achieve low thermal resistances with quite uniform surface temperatures but
the pumping power is high and the risk of erosion of the silicon chip is a serious issue which has not yet
been addressed. Finally, two-phase flow boiling in microchannels is a very promising medium-to longterm solution; it yields the lowest pumping power and the highest efficiency and high heat dissipation
rates. Other major advantages are that the fluid temperature varies little during the vaporization process
and that the heat transfer coefficient increases with heat flux. Jet impingement and single-phase cooling
have already been widely investigated as possible cooling technologies for high heat flux electronics.
Their limits are known, while two-phase flow boiling in microchannels shows the greatest potential, for
which extensive research efforts and technology developments are underway.
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Table 2: Comparison between competing cooling technologies (Agostini et al., 2007)

Single-phase
microchannels
Maximum heat flux
dissipated [W/cm2]
Pressure drop at
maximum heat flux
dissipated

790 (water)
22011kPa/m

Two-phase
microchannels
275(water) ,
93.8 (R134a)
39kPa/m (water),
180kPa/m
(R134a)

Heat sink thermal
resistance range [K
cm2/W]

0.08-0.492 (water),
0.47 (water +
ethanol),
1.05 (FC-72)

0.07-2.5

Flow rate [l/min]

0.04-1.002

0.0025-1

Pressure drop

858-105,987kPA/m

0.1-196kPa/m

Pump power/dissipated
power

1.2·10-3-77.4·10-3

0.2·10-6-1336·10-6

2.2.

Porous media

Impinging jets
(fluid)

600 single-phase(SP),
80 two-phase (TP)

1820

231750kPa/m (SP),
2163kPa/m (TP)

241kPa

0.092-0.768 (SP),
0.152-0.658 (TP)

0.0345-0.203

0.24-20.4 (SP),
0.09-0.76 (TP)
157-231,750kPa/m
(SP)
167-2136kPa/m (TP)
3.04·10-5-3.0·10-2 (SP)
1.3·10-4-1.43·10-3 (TP)

2.5-44.2
26-241kPa
3.86·10-2-3.48·104

BUBBLE CONFINEMENT IN MICROCHANNELS

Thome made bubble confinement in microchannels his subject among other analyzes in his
comprehensive work (Thome, 2010). A summary of his analysis is provided in this subchapter.
What happens in microchannels in two-phase flows can be quite different from single-phase flows in
microchannels. Recent tests and analyzes have shown that macroscale methods for single-phase flow
work well down to at least diameters of 5 to 10 microns. This is not the case for two-phase flow. The
two-phase flow methods usually do not work very well below 3mm diameter. Hence, two-phase flow
pattern maps and flow boiling heat transfer prediction methods developed for macroscale methods are not
very accurate or reliable when extrapolated down to channel sizes below 1-2mm. As of today, there
appears to be no exact definition or proven criterion available for definitively distinguishing the transition
between macroscale and microscale for two-phase flows and heat transfer (Thome, 2010).
Chen et al. (2006) investigated the effect of tube diameter (1.10, 2.01, 2.88 and 4.26mm) on two-phase
flow regimes in vertical tubes using R134a at saturation pressures from 6 to 14 bar. They concluded that
none of the existing macroscale flow pattern maps were able to predict their observations. Using flow
pattern images from all the tubes, they found that confined bubble flow first appeared in their 1.10mm
tube.
Several experiments have been conducted using multiple small diameter channels during flow boiling
with the goal to identify the transition criterion between macro and microchannels. So far these do not
permit one to deduce any clear trend. For example, Agostini (2002) analyzed flow boiling of R134a in
multi-channels with diameters of 0.77 and 2.01mm at a mass velocity of 285kg/m2s. He found that the
heat transfer coefficient was higher for the smaller channels but only for vapor qualities less than 0.25.
For R142b Palm (2003) observed moderate increase of the heat transfer coefficient when the channel
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diameter was decreased from 3.5, 2.5, 1.5 and 1.0mm. The tests were performed with glass test section in
vertical orientation. For R123 Baird et al. (2000) tested diameters of 0.92 and 1.95mm and stated that the
diameter had no significant effect on the heat transfer coefficient. Kohdabandeh (2003) investigated
boiling in a thermosyphon with isobutene as the working fluid with tube diameters ranging from 1.1 to
6mm. He concluded that the influence of diameter was slight and no clear trend was reported. It should
be pointed out here that it is difficult to obtain similar flow conditions when operating a thermosyphon.
Despite this current uncertainty, macro-to-microscale transition criteria for two-phase flows and heat
transfer have been proposed in the literature. They are only considered to be tentative demarcations, as
none of the methods has been widely tested. A common approach is to use a confinement number. In the
microscale, the influence of gravity is surpassed by that of surface tension, i.e. no stratified flow exists if
the tube diameter is sufficiently small. The Bond number, Bd, gives the ratio of these forces for a tube of
diameter di (Thome, 2010):

Bd =

g ( ρl − ρ g ) d 2

σ

(4)

Kew and Cornwell (1997) empirically proposed the macro-to-microscale critical diameter, dcr, to occur at
Bd = 4, with values below 4 being in the microscale. Their proposal was based on a series of
experimental studies. According to them, macroscale methods are not suitable for predicting flow boiling
heat transfer coefficients or flow patterns for diameters lower than dcr. Rearranging equation 4 gives:
12



σ

dcr = 2 
 g ( ρl − ρ g ) 



(5)

As the channel diameter is decreased below dcr bubble growth is confined, which means that individual
bubbles grow in length and are confined in the diameter. This is apparently the first criterion proposed
for the threshold to confined bubble flow and perhaps is thus the first macro-to-microscale two-phase
flow transition criterion to be proposed and documented with some data (Thome, 2010). It should be
pointed out that this criterion does not contain any flow forces, i.e. superficial velocities nor shear effects
on the bubbles or annular films.
Another common approach to predict the macro-to-microscale criteria is the so called bubble departure
diameter approach. Various studies have taken this approach. For example, Jacobi and Thome (2002)
chose the bubble departure diameter as their determining criterion, based on the idea that no stratification
exists at the microscale. In other words, they assumed that the macro-to-micro transition was reached
when the diameter of the growing bubble reaches the internal diameter of the tube before detachment and
then only grows in length as it flows downstream.
Harirchian and Garimella (2009) showed with flow visualizations that the existence of microscale effects
depends not only on the channel size and fluid properties but also on the flow velocity. This new
transition criterion was formulated in terms of the Bond number and the Reynolds number and was
termed the convective confinement number; Bd 0.5 ⋅ Re < 160 defines this transition criterion between
macro-and microscale channels, with values smaller than 160 corresponding to microchannels.
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2.3.

FLOW REGIMES IN MICROCHANNELS

Figure 10 shows example sketches of some of the typical two-phase flow patterns occurring in a vertical
tube. Different flow regimes can be present in microchannels under different operational and geometric
conditions or even in a single microchannel along its length (Harirchian and Garimella, 2009, Huo et al.,
2004, Kandlikar, 2004, Revellin, 2006). Harirchian and Garimella (2010) showed that for convective
confinement numbers smaller than 160 (i.e. Bd 0.5 ⋅ Re < 160 ), vapor bubbles are confined within the
channel walls and convective boiling is the dominant heat transfer mechanism. Under such confined
conditions, two flow regimes of slug flow and confined annular flow were visualized along the channels.
However, for larger convective confinement numbers, bubbly flow and alternating churn/annular and
alternating churn/wispy-annular flow were observed with nucleate boiling being dominant.

Figure 10: Illustration of two-phase flow patterns occurring in vertical evaporator tube (Thome, 2010)

Based on experimental results and flow visualizations Harirchian and Garimella (2012) developed a
comprehensive flow regime map for flow boiling in microchannels. The flow regime map is displayed in
figure 11. The coordinates on the map are the aforementioned convective confinement number and the
phase change number, which was first introduced by Saha et al. (1976) to represent the rate of phase
change due to heat addition. The transition lines on the map divide it into four distinctive quadrants of
slug and confined annular flow for Bd 0.5 ⋅ Re < 160 and bubble alternation churn/annular and
churn/wispy-annular for larger convective confinement numbers. The transition from confined flow,
where microscale effects are present, to unconfined flow is represented by the vertical transition line and
is expressed as

Bd 0.5 ⋅ Re = 160 (6)
The other transition line is a curve fit to the points of transition from bubble or slug flow to alternating
churn/annular or churn/wispy annular flow and is given by

N pch = 96.65( Bd 0.5 ⋅ Re) −0.258 (7)
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Figure 11: Comprehensive flow regime map for two-phase microchannel flow (Harirchian and Garimella, 2012)

The map reveals that although annular and wispy-annular regimes may exist near the exit of the
microchannels under specific test conditions, a large portion of the microchannels may experience bubbly
or slug flow regimes. For illustration purposes a possible arrangement of flow in microchannels for
confined and unconfined flows are represented schematically in figure 12. On the figure the parameter Lsp
is a measure of the length of the single-phase region and La0 is a measure of the length of the onset of
annular flow.

Figure 12: Schematic representation of flow in microchannels for: (a) confined flow, and (b) unconfined flow (Harirchian and Garimella,
2012)

2.4.

HEAT TRANSFER IN MICROCHANNELS

In microchannels, two phase flow can be quite different from single-phase flow in microchannels. It is
usually not sensible to empirically refit macroscale models to microscale data since the underlying
physics is substantially different. Agostini and Tome (2005) analyzed 13 published flow boiling studies,
noting numerous widely different trends in the heat transfer data. In general they made the following
conclusions:
•

At very low vapor qualities (x<0.05), the heat transfer coefficient either tends to increase with
vapor quality or is insensitive to vapor quality while it increases with heat flux;
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•
•
•

•

At low to medium vapor qualities (0.05<x<0.5), the heat transfer coefficient increases with heat
flux and decreases, or is relatively constant, with respect to vapor quality;
At higher vapor qualities (x>0.5), the heat transfer coefficient decreases sharply with vapor
quality and does not depend on heat flux or mass velocity;
Increasing the heat flux increases the heat transfer coefficient except at high vapor quality where
it tends to have little effect (more recent studies show however that at very high heat flux its
effect diminishes and then may even create a decrease in heat transfer with a further increase in
heat flux);
The influence of mass velocity varies from no effect, an increasing effect, or a decreasing effect

Thome (Thome, 2010) concluded that these conflicting trends, which are different than the simple trends
typically found in macroscale flow boiling, appear to point to the influence of additional phenomena,
surface roughness and/or heat transfer mechanisms coming into play in microchannel boiling. He
specifically suggested the following three mechanisms and phenomena:

1.

HEAT TRANSFER MECHANISMS

The heat transfer mechanisms active during boiling in microchannels can be summarized as follows
(Thome, 2010): (i) in bubbly flow, nucleate boiling and liquid convection can be assumed to dominate,
(ii) in slug flow, the most important heat transfer mechanism is usually the thin film evaporation of the
liquid film trapped between the bubble and the wall. When a dry zone is present, liquid convection to the
slug and vapor convection are also important, depending on their relative residence times, (iii) in annular
flow, convective evaporation across the liquid film is expected to be dominant, (iv) in mist flow, vapor
phase heat transfer with droplet impingement will be dominant mode of heat transfer.

2.

NON-CIRCULAR CHANNEL EFFECTS

Many types of non-circular microchannels have been tested, for instance square, rectangular, parallel
plate, triangular, trapezoidal etc. Some problems may be associated with this configuration. For instance,
it is not very well understood how rectangular channels with very high aspect ratios affect the heat
transfer. In rectangular channels, partially wetted perimeter along and around elongated bubbles will
have an influence on heat transfer whilst the wet corners may tend to better resist complete dryout. Such
a process might explain the decreasing trend in the heat transfer coefficient vs. vapor quality, which is
commonly encountered (Thome, 2010).

3.

FLOW MALDISTRIBUTION/BACKFLOW EFFECTS

Multi micro-channel flow boiling test sections can suffer from flow maldistribution and backflow effects,
where some channels have higher liquid flow rates than others, backflow into the inlet header may occur,
and some channels may become prematurely dry (Thome, 2010). In cases where this is observed it can be
rectified by use of correctly sized inlet orifices (Agostini et. al, 2008).
Bertsch et al. (2008) compared 25 widely used correlations for boiling heat transfer against a large
database of 1847 data points from ten different published studies in the literature. They found that the
pool boiling correlation of Cooper (Cooper, 1984) provided the best overall match. In general they noted
that the pool boiling correlations gave a better prediction of the microchannel flow boiling data than those
proposed particularly for flow boiling and concluded that nucleate boiling dominates the heat transfer in
microchannels. Nonetheless, they pointed to a clear need for the development of physics-based models
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on the prevalent flow regimes to predict microchannel flow boiling. A number of researchers have
reported that the Cooper’s correlation gives the best prediction of their flow boiling data, including
(Harirchian and Garimella, 2008, Khodabadeh, 2005, Kew and Cornwell, 1997, Bao, 2000)
Jacobi and Thome (2002) proposed a theoretically-based, elongate bubble (slug) flow boiling model for
microchannels, modeling the thin film evaporation of the liquid film trapped between these bubbles and
the channel wall and also accounting for the liquid-phase convection in the liquid slugs between the
bubbles. Their focus was to demonstrate that the thin film evaporation mechanism was the principal heat
transfer mechanism controlling heat transfer in slug flow in microchannels, i.e. not nucleate boiling as
cited in many experimental studies. They found the thin film heat transfer mechanism along the length of
the bubbles was very dominant compared to liquid convection occurring in the liquid slugs. Furthermore,
they found that the thin film evaporation heat transfer mechanism, without any local nucleation sites in
slug flows, yields the same type of functional dependency as the nucleate boiling curve. Hence, since
nucleate boiling in microchannels tends to occur only upstream at or near the onset of boiling (at very low
vapor qualities); they concluded that downstream it is the thin film evaporation heat transfer mechanism
that dominates the boiling in microchannels in the slug flow regime. Jacobi and Thome (2002) explained
that a probable reason for the incorrectly identified “pseudo-nucleate” boiling dependency in earlier
papers is the strong dependency of the heat transfer coefficient on the bubble frequency in the thin film
evaporation process of elongated bubbles. Nucleate pool boiling correlations (and macroscale flow
boiling correlations for that matter) do namely not model the physical process of nucleate boiling; they
only bring the heat flux dependency of the nucleate boiling process into the method empirically.
Following this initial work, Thome et al. (2004) proposed a three-zone boiling model to predict the local
dynamic and time-averaged heat transfer coefficient in the elongated bubble regime.
Most recently, Harirchian and Garimella (2011) proposed four, flow regime dependent, models to predict
the heat transfer coefficient. The flow regime map, developed by the authors, guides the user when
choosing the appropriate model. For the bubbly flow regime they suggested the empirical correlation of
Cooper (Cooper, 1984) since it gave an excellent agreement with the experiments (MAE of 13.9%). For
the other three regions, physics-based models were developed. For the annular flow regime an analytical
model was developed which predicted the heat transfer coefficient in confined annular flow with an MAE
of 17.3% and that in annular/wispy-annular flow with an MAE of 21.8%, while capturing correct trends
for the heat transfer coefficient. For slug flow, the three-zone model of Thome et al. (2004) was modified
to improve the prediction of the liquid film thickness in the elongated bubble. The modified model was
able to predict experiments with an MAE of 17.8% and capture trends in variation of heat transfer
coefficient with heat flux.

2.5.

MICROCHANNEL GEOMETRY

Harirchian and Garimella (2008) investigated microchannel size effects on local flow boiling heat transfer
to a dielectric fluid. Seven different test pieces made from silicon, consisting of parallel microchannels
with nominal widths ranging from 100 to 5850µm, all with a nominal depth of 400µm were considered.
The mass flux ranged from 250 to 1600kg/m2. They found that for a fixed mass velocity and
microchannels of 400µm and larger the boiling curves clustered together beyond the onset of nucleate
boiling. This is illustrated in figure 13(a). As boiling started in these channels the wall temperature
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showed weak dependence on the heat flux. However, at high heat fluxes (around 200kW/m2) the wall
temperature became more dependent on heat flux and the boiling curves deviated for different sizes. On
the other hand, for microchannels of width 100µm and 250µm the wall temperature increased with
increasing wall heat flux and the boiling curves were distinctly different from those of the larger
microchannels. This was attributed to the rapid increase of vapor quality and early establishment of
annular flow in microchannels of very small diameter. They further found that for a given flow rate and
heat dissipation from the chip, the heat transfer coefficient increased as the microchannels width
increased. However, the maximum amount of heat that can be removed from the chip increased as the
microchannels became smaller due to the larger surface enhancement with smaller microchannels. These
results are depicted in figure 13(b).

Figure 13: Effect of microchannel width on (a) boiling curves, (b) local heat transfer coefficient as a function of base heat flux
(Harirchian and Garimella, 2008)

Lee et al. (2005) investigated the effect of microchannel height on nucleation-site activity and bubble
dynamics using three fluids: water, ethanol and methanol. The heat sink consisted of 10 parallel
microchannels fabricated in a silicon wafer, with width ranging from 150 to 9000µm and height ranging
from 5 to 510µm. They found that the bubble nucleation activity was dependent on channel height for all
fluids tested.
Khodabanddeh and Furberg (2010) investigated the influence of different channel heights on heat transfer
in two-phase thermosyphon loops with R134a as the working fluid. The thermosyphon had a single
channel as opposed to a multi-channel configuration. The evaporator channel height ranged from 0.7 to
1.8 mm and the heat load ranged from 1 to 50 W/cm2. Part of their results is presented in figure 14. In
general, they concluded that the lower channel heights of 0.7 and 0.9mm give lower heat transfer
coefficient than larger channel heights, with the exception at heat flux of 2-5 W/cm2 where the heat
transfer coefficient is higher. Channel heights of 1.3, 1.6 and 1.8mm showed similar results with
maximum heat transfer coefficients of 2 W/cm2K in a heat flux range of 25 to 35W/cm2. They concluded
that the performance of the two smallest channel heights is lower, due to more instability in flow regime
and heat transfer. The 0.7mm channel reaches a maximum heat transfer coefficient of 1.2 W/cm2K, which
is much lower than larger deep channels.
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Figure 14: Heat transfer coefficient versus heat flux for different channel dimensions for R134a at reduced pressure of 0.16
(Khodabandeh and Furberg, 2010)

Saitoh et al. (2005) investigated the boiling heat transfer of refrigerant R-134a flow in three horizontal
tubes of diameter 0.51, 1.12 and 3.1mm and mass fluxes ranging from 150 to 450kg/m2. Their study
showed that the heat transfer coefficient increased with increasing heat flux in all three tubes. The
contribution of forced evaporation to the boiling heat transfer decreased with decreasing tube diameter.
Khodabandeh (2005) conducted an investigation of the performance of a two-phase loop thermosyphon
with a range of channel diameters. The diameters ranged from 1.1 to 3.5 mm, isobutene was used as the
working fluid and the heat fluxes ranged from 28.3 to 311.5kW/m2. He found that the largest difference
between the heat transfer coefficients for all channel diameters, at almost identical heat load, was less
than 35% and a distinct trend for the diameter dependence was not observed. He concluded that the effect
of tube diameter, in this range, on the heat transfer coefficient was small and that no clear trend could be
seen. On the other hand, he found that the heat transfer coefficient was highly dependent on heat flux and
system pressure.
Geisler and Bar-Cohen (2009) analyzed the results of a number of studies in the literature on natural
convection boiling in vertically oriented parallel plate channels. In general they found that when the
channel aspect ratio (height of fins divided by spacing) is larger than 10, increasing vapor fraction in the
channel(s) will lead to premature dryout. The start will be at or near the channel exit. Moreover, when
the channel spacing is reduced below the bubble departure diameter, i.e. such that the flow will be
confined, heat transfer enhancement is often seen in the low heat flux region of the nucleate boiling curve.
As the channel spacing is reduced further, they noted, the heat transfer enhancement in the low flux
region continues to increase until a maximum has been reached. After the maximum, further reductions
in channel spacing lead to reduced heat transfer and subsequently deteriorated heat transfer across the
entire boiling curve.

2.6.

CHANNEL ORIENTATION

Kang (2000) investigated pool boiling on a horizontal, inclined and vertical tube and found that the
orientation effects on the heat transfer coefficient could be significant. He concluded that the heat
transfer coefficient is higher on inclined tube (about 45° from the horizontal plane) compared to
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horizontal and vertical orientations. This effect seems to result from decreased bubble slug formation and
improved liquid access to the surface, i.e. better surface wetting.
Studies of inclination angles of thermosyphon systems are very scarce in the literature, particularly for
two-phase loop thermosyphons. A few studies can be found for two-phase closed thermosyphon systems,
i.e. for a conventional thermosyphon system. Sarmasti Emami et al. (2008) analyzed an inclined twophase closed thermosyphon system for inclination angles ranging from 15° to 90° from the horizontal
axis. The system was composed of a copper tube with inside and outside diameters of 14mm and 16mm,
respectively and 1000mm length. They found that the optimum inclination angle was 60° from the
horizontal axis with a filling ratio of 0.45. Terdoon et al. (1996) studied the effect of inclination angle of
a two-phase closed thermosyphon system with water as the working fluid. They concluded that the
optimum inclination angle was between 70° and 80° from a horizontal axis. Booddachan et al. (1996)
studied the effect of inclination angles, aspect ratios and Bond number on the heat transfer performance of
a two-phase closed high density polyethylene thermosyphon. As working fluids they used R113 and R11
with a filling ratio of 0.5 and the inclination angles ranged from 10 to 90° from a horizontal axis. The
aspect ratios ranged from 5 to 30. They found that an inclination angle ranging from 60° to 70° gave the
maximum heat transfer performance.

2.7.

BUBBLE PUMP EFFECT

One advantage of microchannel two-phase flow is that it allows making use of the so called bubble pump
effect to further increase the performance of the thermosyphon. This effect causes liquid plugs to be
pushed upwards along the microchannels of the enhanced boiling surface which improves the surface
wetting along each channel and thereby delays dry-out phenomena.
A bubble pump is a device which can be used to pump liquid against gravity, from a bottom chamber to a
top collector through a pipe. For illustration purposes the pumping mechanism for a bubble pump with a
separate heating element, where the pipe section is assumed to be insulated, will be explained. Such a
system is illustrated schematically in figure 15. In this configuration the vapor is supposed to be
produced only at the surface of the heating element in the bottom chamber and the pumping pipe serves as
a channel for vapor/liquid layers to rise. The pumping mechanism is essentially the same for a channel
with direct heating along the channel, as is the case for two-phase flow in a loop thermosyphon. In
general, the pumping mechanism for a bubble pump may be explained in the following manner (Collier,
1981). If no heat load is applied to the system the liquid remains still and the height between the liquid
level in the tube and the top of the tube is defined as the pumping height, L, as shown in figure 15(a). As
heat load is added to the system vapor bubbles start to form. The number of vapor bubbles formed rises
and they become increasingly larger in size as illustrated in figure 15(b). At this stage, liquid circulation
is not initiated. With increasing heat load the flow pattern changes from bubbly flow to slug flow. In
slug flow the vapor bubbles are approximately of the same size as the diameter of the channel. Bubbles
act as pistons raising the liquid level until it just reaches the top of the pumping pipe, as can be seen in
figure 15(c). The heat load needed to reach this state is defined as the critical heat load. If the heat load
is further increased, the bubble pistons lift the liquid continuously and the liquid begins to circulate. This
state is displayed in figure 15(d).
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Figure 15: Bubble pump pumping mechanism (Jeong, 1997)

A thermosyphon with confined flow in microchannels on the enhanced boiling surface can especially
benefit from this effect. The small cross-sectional area of the microchannels gets easily filled by
nucleating vapor bubbles and soon the vapor bubbles turn into elongated bubbles or vapor plugs. In this
case the liquid which is pumped upwards will serve as a surface wetting mechanism. This helps to avoid
complete dryout of the liquid film in the microchannels.
Delano (1998) performed a comprehensive study on bubble pump performance for different heat loads,
tube diameters and submergence ratios. The submergence ratio of the bubble pump is a measure of how
far the pump is submerged relative to its length. With increasing submergence ratio, the relative height to
which the pump must lift the liquid decreases, so the liquid flow rate increases. Delano found that for a
fixed submergence ratio, the liquid pushing effect increased with increasing heat load, reached a
maximum and then decreased with further heat load increase. These results are presented in figure
16(left). Stenning and Martin (1968) explained that this maximum liquid flow occurs when the increase
in the frictional pressure drop caused by increased vapor flow rate exceeds the increased buoyancy effect
of the vapor to pump the liquid. Figure 16(left) further manifests that for a given heat load, the liquid
pushing effect is higher for higher submergence ratio, as previously stated. Delano (1998) also showed
that the performance of the bubble pump depends on the tube diameter as is shown in figure 16(right). As
the tube diameter increases, the friction factor decreases which results in increased efficiency of the
pump. However, increasing the diameter with a fixed liquid flow will eventually cause transition from
the required slug flow to bubbly flow. Therefore, larger diameter pump tube is not always advantageous.
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Figure 16: Bubble pump performance: (left) for a tube diameter of 0.0086m, submergence ratios h/L=0.1,0.2,0.3 and system pressure of 4
bars (right) for varying tube diameter and fixed submergence ratio of h/L=0.2 (Delano, 1998)

2.8.

PRESSURE DROP IN MICROCHANNELS

An important aspect of micro-channel evaporator design for cooling of power electronics is the pressure
drop. Agostini et al. (2007a) investigated pressure drop in a silicon multi-microchannel heat sink
composed of 67 parallel channels, 223µm wide and 680µm high. The footprint critical heat fluxes
measured varied from 112 to 250 W/cm2 for mass velocities from 276 to 992kg/m2s. Their experiments
were performed with R245fa and R236fa. The total pressure drop in their multi-microchannel test section
is composed of three contributions: (i)The liquid pressure drop (pressure loss due to inlet orifice and
frictional pressure drop due to any subcooled liquid in the microchannels), (ii) the microchannel twophase pressure drop (including two-phase frictional pressure drop and the momentum pressure drop), and
(iii) the outlet pressure drop (momentum pressure gain due to enlargement, pressure loss due to a 90°
bend and singular frictional pressure drop). They concluded that the total pressure drop increases
approximately linearly with the outlet vapor quality (i.e. for increasing heat load) and increases with mass
velocity. This is shown in figure 17(left) for R245fa. Analysis of the relative contributions of the three
components of the total pressure drop revealed that for low vapor qualities (<0.1) the total pressure drop
was mainly due to the liquid pressure drop. For vapor qualities of 0.1 to 0.2 however, the two-phase
pressure drop was found to be dominant. At higher vapor qualities the two-phase pressure drop ratio
remained constant (or decreased at low mass velocity) while the outlet pressure drop ratio increased, but
the two-phase pressure drop in the microchannels remained the dominant pressure drop contribution. An
exception to this was noted at very high mass velocities where the outlet pressure drop was always the
dominant pressure drop contribution. This was attributed to the narrow inlet and outlet slits used (200µm
and 500µm inlet and outlet slits, respectively).
Harirchian and Garimella (2008) investigated the effects of channel cross-sectional dimensions and mass
velocity on pressure drop across the microchannels of the dielectric fluid FC-77 in multi-microchannel
heat sinks. The mass flux ranged from 250 to 1600 kg/m2s and the microchannel nominal widths ranged
from 100 to 5850µm, all with a nominal depth of 400µm. Similar to Agostini et al. (2007a) they
concluded that in the two-phase region the total pressure drop is strongly dependent on heat flux and
increases almost linearly with increasing heat flux. This was attributed to the acceleration of the vapor as
well as the two-phase frictional pressure drop. In the single-phase region, the pressure drop was found to
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decrease slightly with increasing heat flux due to the reduction in liquid viscosity as the liquid
temperature increases. In both single-phase and two-phase regions the pressure drop increased with
increasing mass flux. They further concluded that the pressure drop increases with decreasing
microchannel width at a given wall heat flux. In the two-phase region, the slope of the line also increases
as the channel width decreases, resulting in much larger pressure drops for smaller channels at higher heat
fluxes. These results are presented in figure 17(right) below.

Figure 17: Variation of pressure drop as a function of (left) outlet vapor quality for refrigerant R245fa at different mass velocities
(Agostini et al., 2007a) (right) wall heat load for different microchannel width (Harirchian and Garimella, 2008).

2.9.

MASS VELOCITY IN MICROCHANNELS

Harirchian and Garimella (2008) analyzed boiling curves for different mass velocities. Seven different
test pieces made from silicon, consisting of parallel microchannels with nominal widths ranging from 100
to 5850µm, all with a nominal depth of 400µm were considered. The mass flux ranged from 250 to
1600kg/m2. They found that the onset of nucleate boiling occurs at lower temperature and lower heat flux
for lower mass flux. Part of their results is presented in figure 18. As the mass velocity increased more
heat could be dissipated at a fixed wall temperature. These trends are in accordance with the findings of
Liu et al. (2007), Chen and Garimella (2006) and Pate et al. (2006). They further noted that for channel
sizes smaller than 1000µm the boiling curves for the lowest mass flow rates deviated from those for
higher mass velocities. This was attributed to an early transition to annular flow regimes at higher heat
fluxes at the lower heat fluxes.
Agostini et al. (2007a) performed experiments under saturated boiling conditions in silicon multimicrochannel heat sink composed of 67 parallel channels, 223µm wide and 680µm high. The footprint
critical heat fluxes measured varied from 112 to 250 W/cm2 for mass velocities from 276 to 992kg/m2s.
They found that as the mass velocity increased the CHF was increased significantly. Multiplying the
mass velocity by 2, results in a gain of about 70% in CHF.
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Figure 18: Effect of mass flux on boiling curves for microchannels of width 400µm (Harirchian and Garimella, 2008)

2.10.

CRITICAL HEAT FLUX IN MICROCHANNEL FLOW BOILING

One of the limiting operational conditions with flow boiling is the critical heat flux (CHF) or burnout.
Under CHF conditions the liquid film which covers the channel surface, under normal conditions, is
replaced by a vapor blanket. The condition is characterized by a dramatic drop of the surface heat
transfer coefficient and results in rapid increase of the surface temperature and possible failure of the
cooled device. In microchannels it has been observed that dryout is the triggering mechanism for CHF.
The liquid starts to disappear in some locations along the channels. Then this dry patch can either be
periodically rewetted by liquid (cyclic-dryout) thus producing heat transfer coefficient decreasing with
both heat flux and vapor quality but stable with time, or spread over the whole channel rapidly triggering
CHF and the associated dramatic wall temperature increase that ultimately leads to the burnout of the tube
(Agostini et al., 2007a)
Wojtan et al. (2006) experimented CHF in single uniformly heated channels of 0.5 and 0.8mm inner
diameter. The tested refrigerants were R-134a and R-245fa and the heated length of microchannel was
varied between 20 and 70 mm. Their results showed that CHF increased with increasing mass velocity
and that CHF for the 0.8 mm microchannel is higher than that for the 0.5 mm one and the difference
becomes greater as the mass velocity increases. These results are presented in figure 19(a). With the
extension of the heated length from 20 to 70mm for the 0.8 mm diameter tube, the drop in the CHF value
was found to be 400kW/m2. They concluded that the heated length, besides the mass velocity, is one of
the most important parameters in the design of heat sinks. These results are displayed in figure 19(b)
which also shows that the 0.8 mm microtube CHF is systematically higher than that for the 0.5 mm
microtube. This increase ranges from 30% to 50%. The effect of refrigerant type was analyzed by
running tests at the same experimental conditions for R134a and R245fa. The results are displayed in
figure 19(c). The results show that the values of CHF for R245fa are higher than for R134a, except at the
heated length 20 mm. They further concluded that level of subcooling did not have significant effects on
CHF. It must be noted that their experimental data were limited and the subcooling level only ranged
from 4.5 to 12°C. Nonetheless, this observation is in agreement with the results of Qu and Mudawar
(2004) for microchannel heat sinks.
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Figure 19: Variation of CHF as a function of: (a) mass velocity in 0.5 and 0.8mm ID tubes (b) heated length in 0.5 and 0.8mm ID tubes (c)
heated length for refrigerants R245fa and R134a (Wojtan et al. (2006))

2.11.

MICROCHANNEL HEAT TRANSFER ENHANCEMENT TECHNIQUES

A large variety of heat transfer enhancement techniques have been developed in the recent years. These
techniques have addressed one or more aspects of boiling to increase performance, whether it is
modification to the heated surface, changes in fluid contact angle or fluid choice. Cooke and Kandlikar
(2012) reviewed different enhancement techniques proposed in the literature as a part of their study on the
effect of open microchannel geometry on pool boiling enhancement. A short summary will be provided
here to illustrate the variety of techniques being developed. The summary does not include the effects of
channel geometry or the effects of porous media since that has been addressed previously. Das et al.
(2007) created holes in the heat transfer surface to enhance the heat transfer by providing nucleation sites
for bubble generation. Other researchers have focused on applying coatings onto the heated surface in
order to change the contact angle of the fluid, since the contact angle affects the shape of the nucleating
bubble. Ahn et al. (2010) changed the contact angle of water by nanodepositing zircaloy-4 on the surface
which resulted in increased CHF due to the increase in wettability. Takata et al. (2005) investigated the
effects of superhydrophilic surfaces on boiling heat transfer. Hydrophilic and hydrophobic surfaces have
a great effect on heat transfer, with hydrophobic surfaces assisting bubble generation, while the
hydrophilic surfaces extend the CHF because of their affinity for liquid. Betz et al. (2010) studied a
combination of hydrophilic and hydrophobic surfaces and found that surfaces which were predominantly
hydrophilic with hydrophobic islands had the best heat transfer performance. Nanowires have also been
shown to improve the heat transfer performance by changing the contact angle (Chen et al. 2009). Other
researchers have investigated nanofluids as a method for heat transfer enhancement. Small particles
suspended in a fluid resulted in increased CHF values (Liu et al. 2008, Coursey and Kim, 2008).

2.12.

FILLING RATIO IN THERMOSYPHONS

Thermosyphon systems are only partially filled with the working fluid. The amount of fluid filling, i.e.
the filling ratio, is defined as the ratio of the total volume of fluid in the system to the total volume of the
system. The filling ratio is an important factor that highly influences the performance of a thermosyphon
system and studies have shown that an optimum value or an optimum range can be found. This is
illustrated schematically in figure 20 below. When the filling ratio is too low, the liquid film in the
microchannels dries-out prematurely, resulting in superheating which causes large temperature gradients
in the base plate. On the other hand, when the filling ratio is too high, liquid accumulates in both the
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condenser and the evaporator. This condition is referred to as flooding. It reduces th
thee performance of both
of the heat exchanging components and results in high levels of subcooling which leads to temperature
gradients in the base plate. Therefore it is essential to identify the optimum filling range for each
thermosyphon system.

Optimal range

Figure 20: Fluid filling curve (Habert, 2012)

Ong and Haider-E-Alahi (2003) studied a thermosyphon system filled with R134a. They showed that the
thermosyphon performance increased with increasing filling ratio and reached a maximum
maximu at 0.8. AbouZiyan et al. (2001) also studied a thermosyphon system with R134a as the working fluid, but they
reported a maximum performance at a fillin
filling ration of 0.5. MacDonald (1997) conducted a study of filling
ratio using refrigerant R11 in a large ddiameter tube two-phase
phase thermosyphon. His experimental studies
showed an optimum at a filling ratio of 0.35. Additionally, he showed with a numerical model that this
optimum was highly dependent on the respective lengths of the evaporator, riser and condenser.
conde
This last
fact might explain why Ong and Haider
Haider-E-Alahi (2003) and Abou-Ziyan et al.. (2001),
(2001) having different
evaporator, riser and condenser lengths, found different optimal filling ratios. Mor
Moree recently Agostini and
Habert (2010) studied a transparent
parent closed loop two
two-phase
phase thermosyphon system with a large height over
diameter ratio. The working fluid was Novec649. They concluded that the total thermal resistance reached
a minimum with the filling ratio at about 0.68, but only at high heat flux.
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3.EXPERIMENTAL WORK
In this section the experimental work is presented. The experimental test setup, the equipment,
measurement devices and their uncertainties are introduced and the properties of the working fluid are
discussed. Furthermore the different experimental conditions are described and the experimental
procedure is detailed. The chapter is divided into four subsections as follows:
•
•
•
•

Description of the cooling loop
Experimental set-up
Measurement devices and accuracies
Experimental conditions and procedures

3.1.

DESCRIPTION OF THE COOLING LOOP

The presented system is a two-phase thermosyphon loop for power electronics cooling. The system
consists of an evaporator and an air-cooled condenser connected by rigid pipes, i.e. vapor lines and a
liquid line. Figure 21 shows a schematic diagram of the system. Heat is collected by means of an
evaporating fluid in the evaporator. The refrigerant fluid flows internally through the evaporator channels
collecting the dissipated heat. The heat produces a phase change of the liquid stream. The design of the
evaporator is such that it consists of a bottom distributor, i.e. a pool of liquid constantly feeding the
evaporator channels and a two-phase mixture collector at the top that collects the discharged two-phase
flow and separates the liquid part from the vapor. This should constrain the flow through the vapor line to
vapor alone. The vapor travels through the two parallel vapor lines to the condenser. There it condenses
releasing the heat to the air. Subsequently the liquid refrigerant flows through the liquid line and enters
the evaporator’s bottom distributor again.
In the current study, the system was designed such that it could easily be assembled and disassembled.
This is necessary to enable analysis and comparison of multiple condensers and evaporator enhanced
boiling surfaces. Therefore, mechanical fasteners were used where necessary. On the other hand, for an
optimized and industrialized system the components of the system would be soldered together to reduce
the risk of leakage into and out of the system even further.
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Figure 21: Thermosyphon system: (left) System assembly (right) Split view of evaporator (without power electronics)

3.1.1.

EVAPORATOR

The evaporator comprises of an evaporator body and a micro-finned enhanced surface. Figure 21(right)
shows a split view of the evaporator, illustrating its composition. The evaporator body is a steel block. Its
main components are:
•
•
•

Bottom liquid distributor: A pool of liquid constantly feeding the evaporator channels
Top two-phase mixture collector: Collecting the two-phase mixture before it enters the vapor
lines and provides a first separation of the liquid and vapor phases
Channel structure: Provides a path for the returning liquid part of the two-phase mixture to the
bottom distributor

The enhanced surface, which will be referred to as the base plate, is made of copper. The base plate is
mechanically bolted on top of the evaporator body. The joint is sealed with a rubber O-ring in order to
prevent fluid leakage out of the system or air leakage into the system. The base plate has two functional
sides, i.e. the internal side and the external side. The internal side has a micro-finned surface structure
forming small parallel channels which provide the path for the rising two-phase mixture. Figure 22(left)
displays the internal side of the base plate and figure 22(right) shows an exaggerated schematic draft of
the channel structure on the surface. Three different surface structures were tested and compared, table 3
summarizes their geometries. The external side of the base plate is physically attached to the power
module. Internally the base plate is separated from the evaporator body by a separation plate made of
aluminum. This unique design allows a natural separation of the rising vapor mixture from the returning
liquid part of the mixture and thereby prevents contact friction between the two. It is important to keep
the discharge at the top of the evaporator such that the vapor quality is much below 1to keep the working
conditions far away from the critical heat flux and thereby guarantee safe operation of the device. On the
other hand, low quality mixture of vapor and liquid imposes a challenge for the operation of the
condenser. Therefore it is important to design the system in such a way that the liquid can be separated
from the vapor before entering the condenser. Here, this is achieved by the aforementioned double
channel structure.
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Figure 22: (left) Channel structure on base plate (right) exaggerated schematic graph of channels
Table 3: Geometry of enhanced surfaces

Name

Hydraulic diameter,
Dh [mm]

Fin height, H
[mm]

Fin separation,
w [mm]

Number
of fins, N

Fins per
inch

Material

Eva 1
Eva 2
Eva 3

1.71
1.33
0.92

6
2
2

1
1
0.6

76
76
126

12
12
20

Copper
Copper
Copper

For information the values of the critical diameter, determined by equation 5 are given in table 4. Recall
that the critical diameter is a suggested estimation of the transition from macroscale to microscale for
channel flow. If the hydraulic diameter of the channel is below the critical diameter then the flow is
expected to be confined. The numbers in table 4 suggest that the flow is confined in the channels of all of
the enhanced surfaces (the fluid saturation temperature in this study is below 70°C in all experiments).
Table 4: Confinement diameter for R245fa at several different fluid saturation temperatures

Tf_sat [°C]
Dcr [mm]

10
2.18

20
2.11

30
2.04

40
1.96

50
1.88

60
1.80

70
1.71

80
1.61

VAPOR AND LIQUID LINES
The liquid line connects the outlet of the condenser with the bottom distributor of the evaporator body.
The liquid line is made of an aluminum nozzle which is welded on the condenser outlet and mechanically
fastened to the evaporator body inlet. The internal diameter is 3 mm with a length of 50 mm. The vapor
line connects the top two-phase mixture collector of the evaporator body with the inlet of the condenser.
In the presented setup there are two vapor lines working in parallel. This enhances the vapor distribution
and guarantees that the upper limit of the pipe diameter is kept. Similar to the liquid line the vapor lines
are made of aluminum pipes which are welded on the condenser outlet and mechanically fastened to the
evaporator body outlets. The internal diameter is 7 mm and the length is 210mm. Current design with
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welded joints, where applicable, reduces the number of mechanical joints required and thereby lowers the
persistent risk of fluid leakage.

3.1.2.

CONDENSER

Three different types of condensers were tested and compared in this study, table 5 summarizes their
geometries. All the condensers tested are aluminum plate and bar heat exchangers, air-cooled with forced
convection. What distinguish them are the fin separation and the fin type (straight or wavy). The width of
the heat exchangers is 201mm, the length 85mm and the thickness 175mm.
Table 5: Geometry of condensers

Name
CD 1
CD 2
CD 3

3.1.3.

Fin type
Straight
Wavy
Straight

Fin separation [mm]
4
4
2

Material
Aluminum
Aluminum
Aluminum

FLUID

The working fluid used in the experimental campaign is pentafluorpropane R245fa. This fluid guarantees
good thermal performances over the investigated temperature range, keeping the maximum pressure of
the system to an acceptable level for safe operation. Another advantage is the good compatibility with
aluminum and with electrical circuitry in case of leaking. The main thermophysical properties of the
refrigerant at   1 are reported in table 6. The high ratio evident between vapor density and
liquid density is very beneficial since the system is driven by this density difference. The values of the
latent heat of vaporization are also favorable.
Table 6: Main thermo-physical properties of R245fa (1 atm)

ρg

Tsat

ρl

[°C ]

 kg m 

 kg m 

15.14

1364.93

59.61

3.2.

3

cpl
3

[ kJ

hl

kgK ]

[ kJ

13.02

kg ]

219.51

hv

[ kJ

kg ]

415.55

µl

σ

[uPa − s ]

[ mN m]

463.43

15.31

EXPERIMENTAL SET-UP

Figure 23 illustrates the scope of measurements and the location of measurement devices. Once the
power module is dissipating heat the refrigerant starts to circulate in the system. The vapor travels from
the top collector of the evaporator to the condenser and is brought back to the bottom distributor in liquid
form. The thermosyphon loop is monitored by means of K-type thermocouples placed at different
locations in the refrigerant loop, to estimate subcooling and superheating: evaporator vapor outlet and
bottom distributor and at the inlet of the condenser. Pressure sensors are located at the top collector and
the bottom distributor, enabling measurement of the fluid pressure and the pressure drop across the
evaporator. The sensor in the bottom distributor is located at the same place as the corresponding
thermocouple allowing verification of the saturation conditions. In addition nine thermocouples were
mounted into the external surface of the base plate to estimate the uniformity of the temperature at the
power module level and determine the average surface temperature.
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Figure 23:: Thermosyphon system, loc
location of measurement devices (left) refrigerant loop
and base plate,, display without air tunnel (right) air circuit, display with air tunnel

The condenser is an air-cooled condenser. The air temperature is measured at the entrance and exit of
the circuit. Additionally the air pressure drop aacross the condenser is measured. The mass flow rate can
be set manually using frequency controller of a fan. A tank is connected in parallel to the evaporator
evaporat and
serves as a storage tank for the refrigerant fluid (not shown in figure 23).. The tank is temperature
controlled and can be used to change the filling ratio in the thermosyphon system.

3.3.

MEASUREMENT DEVICES A
AND ACCURACIES

The pressure
ressure sensors and thermocouples used were connected to a National Instrument acquisition
system and the values monitored on a PC using LabVIEW. Data collection was triggered when the
system was in steady-state.
state. All experiments were performed at room te
temperature,
mperature, maintained with an
air conditioner. A summary of the measuring devices and their accuracy is given in table 7.
7
Table 7: Measuring devices and accuracy

Instrument

Type

Range

Uncertainty
±0.1 K calibrated (all
acquisition chain)

Thermocouples

Thermocoax, type K, shielded, class 2

-40-1200 °C

Fluid pressure
sensor

ABB, 261AS

0-30 bar

±0.15%

0-10 V

±0.02%

0-100 Pa
80-4000 kg/h

±2%
±0.1%

Data acquisition
Air pressure drop
Air mass flow

National Instruments, SCXI 1000,
modules 1102, 1124, 1600, 1303, 1325
Huba control
ABB Topaz
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rate
Power supply

0-10 V, 01200 A DC

Xantrex XDC 1200

±0.3% , ±0.5%

As previously mentioned, nine thermocouples were mounted in grooves machined into the external
surface of the base plate i.e. the side facing the power module. To increase the thermal contact thermal
cement was inserted into the grooves prior to the thermocouples, the thermal conductivity of the thermal
cement is 1.038W/mK. Similarly thermal grease was interposed between the power module and the base
plate to increase the thermal contact. The layer was evenly distributed with a thickness of 50-100μm, the
thermal conductivity of the grease is 0.8W/mK.
M EASUREMENTS OF THE FILLING LEVEL
The volume fraction of liquid in the thermosyphon loop, the filling ratio, is a primary parameter that
characterizes and identifies the behavior of the system. By adjusting the filling ratio, the performance
may be improved; in fact it has been shown that an optimum filling range does exist. This optimal filling
ratio depends on the system configuration and the working fluid. As previously outlined, the fluid
addition in the current setup is achieved by using an external tank which is cut-off from the circuit under
normal operation. However, accurate measurement of the exact amount of fluid in the system is a
complex task. The system mass is very large compared to the mass of the refrigerant, so determination of
fluid mass by weighing requires high precision wage. Determination of the volume occupied by the
working fluid is also difficult to determine accurately. One method is to connect a transparent glass tube
to the evaporator, at the top and bottom, so that the height of the liquid can be read. The volume
occupied by the fluid can then be determined from the height. But this method does also have its
drawbacks. In this study, it was attempted to evaluate the fluid filling based on measurement of the fluid
pressure drop across the evaporator. When the pressure drop is known the liquid height can be derived
from


(8)

Where  is the liquid pressure, is the liquid density, is the constant of gravity and is the height of
the liquid. Knowing the liquid height it is then possible to calculate the volume occupied by the fluid
using the dimensions of the facility. But this method was found to have severe limitations. First of all, it
is crucial that all the liquid is at the bottom of the facility. This disadvantage, which is shared with the
aforementioned glass tube visualization method, requires very long waiting time (hours). Besides it is
difficult to guarantee this condition since liquid might get trapped in various parts of the facility. Another
drawback is that it is necessary to have almost pure vapor at the top of the evaporator and a saturated
liquid at the bottom, to ensure that the pressure transducer gives an accurate value of the pressure drop.
This is also difficult to guarantee. In the current study it was attempted to address these drawbacks by
increasing the fluid level at the end of each day and allowing the fluid to settle down during the night.
The filling measurements could then be performed the following morning. It was also tried to wrap a
heater around the pipes in order to drive potentially trapped liquid in the pipes down to the bottom of the
facility. Despite attempts of improvement the resulting estimates of the filling ratio were considered to
be unreliable. Therefore the filling ratio comparison in this study will be qualitative. At constant
volume, ambient temperature, and heat load the saturation pressure of the liquid gives qualitative
comparison between the filling levels.
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3.4.
3.4.1.

EXPERIMENTAL CONDITIONS AND PROCEDURE
EXPERIMENTAL CONDITIONS

The experimental campaign in this study can be divided into two-phases. In the first phase the three
different condensers were tested using the same enhanced boiling surface for the evaporator. In the
second phase, after the best performing condenser had been identified, the enhanced surfaces were tested
using the best performing condenser as condenser. Table 8 summarizes the two campaign phases. For
each combination of a condenser and enhanced surface tested, a number of different filling ratios were
tested. Furthermore, for each combination of condenser and enhanced surface and every filling ratio the
heat load was varied stepwise from 200W up to the highest tolerable value in each case, generally with a
step of 100W. Finally, for each condenser–evaporator combination tested an air flow rate test was
conducted. In the air flow rate test the heat load was kept at a constant value and the air flow rate was
varied stepwise, with a step of 50m3/h, from 100m3/h up to 600m3/h or until the system limitations, in
terms of air pressure drop were met. The experimental procedure, method of data collection and the
system limitations are discussed in the following subchapter.
Table 8: The campaign phases of the study

Phase 1

Eva1

CD1

6 different
filling ratios

CD2

7 different
filling ratios

CD3

10 different
filling ratios

Eva1

10 different
filling ratios

Eva2

5 different
filling ratios

Eva3

4 different
filling ratios

For each filling: Heat load
variation: 200-1300W
(or up to limitations)
For each filling: Heat load
variation: 200-1500W
(or up to limitations)
For each filling: Heat load
variation: 200-1600W
(or up to limitations)

Air flow rate test:
300-600 m3/h
Air flow rate test:
100-330 m3/h
Air flow rate test:
100-550 m3/h

Phase 2

CD3

3.4.2.

For each filling: Heat load
variation: 200-1600W
(or up to limitations)
For each filling: Heat load
variation: 300-1400W
(or up to limitations)
For each filling: Heat load
variation: 400-1300W
(or up to limitations)

Air flow rate test:
100-550 m3/h
Air flow rate test:
150-550 m3/h
Air flow rate test:
-

CHANGING THE HEAT EXCHANGING COMPONENTS

Before assembling the thermosyphon loop the heat exchanging components need to be prepared. For the
condensers, the length of the vapor line pipes needs to be adjusted and then the mechanical fasteners are
added, see figure 24. Originally the pipes are too long to fit into the system. Therefore the required
lengths are measured and the pipes are cut to the required length. This is done specially for each
condenser.
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Length needs to be adjusted
Mechanical fastener

Mechanical fastener
Figure 24: Thermosyphon loop, assembly of condenser

In the case of the enhanced surfaces, the monitoring thermocouples need to be inserted into the plates
before assembly, refer to figure 25. The procedure is as follows:
•
•
•

Calibration of each thermocouple using a platinum probe
Insertion of thermocouples into grooves using thermal cement for fastening
Plates and thermocouples allowed to dry for 24 hours

When the enhanced surface is ready it can be bolted onto the evaporator body, with the thermocouples
facing outwards. The next step is to fasten the power module on top of the enhanced surface. When the
assembly is finished both in terms of condensers and enhanced surfaces, the remaining thermocouples and
pressure sensors are connected as described in the chapter about the experimental set-up.

Figure 25: Insertion of thermocouples in the base plate

Before starting to run the experiments the tightness of the system is tested to prevent leakage into and out
of the system. This is a two-step process; in the first step air is pumped into the system until the internal
pressure has reached 5 bars. If the system is able to maintain the pressure level for one hour it is
considered to be tight enough to prevent outward leakage. In the second step, the system is evacuated
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using a vacuum pump. If the system holds the vacuum for one hour it is considered to be tight enough to
prevent inward leakage.

3.4.3.

LIMITATIONS OF THE SYSTEM

For safety reasons it is important to be aware of the limitations of the system. The system limitations can
be categorized into three types. The first type covers the limitations of the system itself, particularly in
terms of internal pressure. The second type of limitations concern the power module, i.e. the product to
be cooled and the third type concern industrial regulations. The limitations of the system are presented in
table 9. Operation of the system needs to be terminated if any of the system or power module limitations
have been reached. The limits from industrial regulations are used for guidance when choosing the
optimum configuration of the thermosyphon system for industrialization.
Table 9: Limitations of the thermosyphon system

Type
System limitation
Power module
limitation
Industrial regulations

Parameter
Fluid pressure
Superheating
Air pressure drop
Maximum temperature of the base plate
Maximum temperature difference on the base plate
Outlet air temperature
Air pressure drop

Limit
5 bar
30°C
500Pa
85°C
15°C
45°C
200Pa

The nominal air flow rate, used in the current study, was determined based on the limit of the outlet air
temperature, according to industrial regulations. This is accomplished by using the following expression:

mɺ a =

Qɺ el
ca ∆Ta

(9)

ɺ a is the nominal air flow rate, Qɺel is the heat load, which was set to 1500W for the estimation,
Where m

ca is the specific heat of the air and ∆Ta is the difference between the outlet and inlet temperatures of the
air.

3.4.4.

CONDUCTION OF EXPERIMENTS

As previously outlined, different types of experiments were conducted in this study. Here the
experimental procedure for any given setup, i.e. any combination of a condenser and evaporator, and one
filling ratio will be outlined. Two different types of experiments are conducted, a heat load test at
constant air flow rate and an air flow rate test at a constant heat load. The experimental procedure is
essentially the same in both cases. For arbitrary reasons a heat load test will be described here. The
procedure is as follows:
•
•

The air conditioning in the room is turned on and set to 23°C
All components and measurement devices are turned on
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3

•

The air flow rate is set to the nominal value, 270 m h

•
•
•
•
•
•
•
•
•
•

All system parameters are monitored in Labview
Heat load is added manually to the system, the starting value is 2 00W
The system is allowed to reach steady state, waiting time 30-90 minutes
In steady state (see definition of steady state below) data collection is triggered
The heat load is increased by 100W and the system is allowed to reach steady state again
In steady state data collection is triggered again
The last two steps are repeated until any of the limitations of the system have been reached
Heat load is turned off and the system allowed to cool down
All components and measurement devices are turned off
Air conditioning is turned off

The steady state condition is defined according to the following:
•

Variation of temperature measured in the base plate over a period of 4 minutes: ∆Text ≤ 0.2°C

•

Variation of the fluid pressure measured over a period of 4 minutes: ∆p f ≤ 0.05bar
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4.DATA REDUCTION
The data from each experimental run was reduced to characterize the system performance in terms of
thermal resistances, temperatures, heat load, heat transfer and mass velocity. Furthermore, the data
collection enabled analysis and comparison of the heat exchanging components, i.e. the condensers and
the microchannel enhanced boiling surfaces. The effects of filling ratio, heat load and air flow rate on the
system performance and reliability were analyzed and outlined. In this chapter the parameters and
equations used in the analysis will be defined and explained.

4.1.

TEMPERATURES

Nine thermocouples were used to monitor the temperature and the temperature distribution in the base
plate. For the analysis two parameters were defined: Text_max and Text_max_diff. Text_max is defined as the
highest temperature measured on the base plate at steady state and Text_max_diff is defined as the difference
between the highest and the lowest temperature in the base plate at steady state.
The definitions of subcooling and superheating were given in the introduction chapter. Here the
equations used to characterize the level of subcooling and superheating will be repeated for convenience
∆ T sub = Teva _ i − T f _ sat (10)
∆ T su p = T eva _ o − T f _ sa t

(11)

Where ∆Tsub and ∆ Tsu p are the levels of subcooling and superheating, respectively, T f _ sat is the fluid
saturation temperature and T is the local fluid temperature.

4.2.

THERMAL RESISTANCES

The total thermal resistance, R th _ to t , is defined as the difference between the maximum temperature of the
base plate, Text_max, and the inlet air temperature, T a _ ico n divided by the total dissipated power, i.e. the heat
load, Q . It is also a summation of the evaporator thermal resistance, Rth _ eva , and the condenser thermal
resistance, Rth _ con . As described above, the total thermal resistance can be mathematically expressed as

Rth _ tot =

Text _ max − Ta _ icon
Q

(12)

The evaporator thermal resistance results from the thickness of the base plate, the thermal properties of its
material and the heat transfer mechanism of the working fluid. It is defined as

Rth _ eva =

Text _ max − T f _ sat
Q
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(13)

The condensation thermal resistance is led by the heat transfer mechanism of the working fluid in the
tubes of the condenser. It can be expressed as

Rth _ con =

T f _ sat − Ta _ icon
Q

(14)

The uncertainty on the thermal resistance was calculated with

∆Rth
∆Q ∆T1 + ∆T2
<
+
Rth
Q
T1 − T2

(15)

For illustration, figure 26 shows the calculated uncertainty of the thermal resistances as a function of heat
load. For clarity, only one operational condition is displayed on the figure.
Tatm=23°C, Vair=270m3/h, Filling value 6, CD3 and Eva1
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Figure 26: Uncertainty of thermal resistances as a function of heat load

4.3.

ENERGY BALANCE

It is complicated to accurately characterize the thermal power transfer Q, mainly due to difficulties in
quantifying energy losses to the environment. In the calculations the value of Q is the electrical power
supplied to the system. To estimate the error in the value of Q an energy balance was established. The
energy balance compared the electrical power supplied to the evaporator section, Qel , and the energy
extracted by the air in the condenser section, Q a . The electrical power supplied was calculated according
to:

Qel = V ⋅ I (16)
Where V is the voltage and I is the current supplied to the system. The energy removed in the condenser
section was determined by an energy balance across the condenser section such that
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Qa = mɺ a ca (Ta _ out − Ta _ in ) (17)

ɺ a is the mass flow rate of the air, ca is the specific heat of the air and Ta _ out and Ta _ in are the
Where m
outlet and inlet temperatures of the air, respectively. According to the law of conservation of energy
these terms should be equal, if no losses occur in the system. The difference between the terms was
therefore accounted for in a term named Qloss

Qloss = Qel − Qa (18)
The energy balance is an indicator of whether the thermocouples are measuring the correct temperatures.
This applies especially to the thermocouples measuring the temperature of the outlet air stream. A
comprehensive network of thermocouples would be required to accurately capture the mean outlet
temperature. In this study only three thermocouples were used. An energy balance was established for
all configurations of the system. For illustration, figure 27 shows the evolution of the energy loss as a
function of heat load for 9 different filling levels of the system for one system configuration. The filling
levels are numbered from 1 to 9 where 1 is the lowest filling ratio and 9 is the highest filling ratio. The
heat exchanging components used in this case are CD3 and Eva1. As figure 27 illustrates the energy loss
is about 20-35% in this case. The values obtained for each configuration was used in the uncertainty
calculations for that specific setup.
Tatm=23°C, Vair=270m3/h, CD3, Eva1
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Figure 27: Energy loss as a function of heat load for one configuration of the system

4.4.

MASS VELOCITY

The evolution of vapor quality in the evaporator is an unknown parameter, which imposes a challenge on
the estimation of the mass velocity. On the other hand, when subcooling and superheating coexist in the
evaporator, as is the case in this study, it can be assumed that the vapor quality is 1 at some point in the
evaporator. Therefore the mass velocity can be calculated with the following expression
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G=

Q
(19)
N ⋅ Afin ( C plTsub + hlv + C pvTsup )

Where G , is the mass velocity, A fin is the wetted fin surface area, N is the number of fins , C p l and C pv
are the specific heat capacities of liquid and vapor, respectively, and hlv is the latent heat of vaporization.
The thermophysical properties of the fluid are evaluated at the saturation temperature of the fluid.

4.5.
4.5.1.

HEAT TRANSFER
HEAT TRANSFER COEFFICIENT IN EVAPORATOR SECTION

E XPERIMENTAL CORRELATION
The experimental heat transfer coefficient of the evaporator is defined as the ratio of the heat flux and the
difference between the evaporator wall and the liquid saturation temperature. This can be mathematically
expressed as

h=

Q
N ⋅ ( Afin _ b ⋅ (Tb − T f _ sat ) + Aw ⋅ (Tw − T f _ sat ) )

(20)

Where h , is the heat transfer coefficient, A fin _ b is the area of the base of the fin, Aw is the area of the fin
walls, Tb is the temperature at the base of the fin and Tw is the fin wall temperature. The wall temperature
varies along the fin height of the microchannels due to the single sided heating of the base plate. In order
to take this into consideration the average fin temperature was calculated numerically by simulations in
Matlab. For the calculation the following assumptions were made:
•
•
•
•
•
•

The end of the fin is insulated so that dT/dx=0 at x=0 i.e. the end of the fin is adiabatic
The conduction is one-dimensional in the direction of the fins
The thermal conductivity is constant
Heat generation effects are absent
Steady state conditions apply
Radiation from fin surfaces is negligible

The local fin temperature at a position x along the fins, can then be calculated according to (Holman,
2002):

 cosh ( m ( H − x ) ) 
T = (Tb − T f _ sat ) 
(21)
+T
 cosh ( mH )  f _ sat


Where T is the local temperature, H is the height of the fin, x is the location in the direction of the fin
height and m is defined as
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m=

hP
(22)
kAc

Where h is the heat transfer coefficient, k is the thermal conductivity and P and Ac are the fin perimeter
and fin cross sectional area, respectively. The temperature at the base of the fin, Tb , is calculated from the
equation of thermal conductivity which yields

Tb = Text _ avg −

Q∆x
kA (23)

Where T ext _ a vg , is the average base plate temperature on the external side, ∆ x ,is the thickness of the base
plate and A is the heat exchange surface area of the base plate i.e. the area of the foot print of the power
module, not the extended area of the channels. The average fin temperature i.e. the wall temperature, Tw ,
can then be calculated by integrating over the entire fin length. Since the heat transfer coefficient is
unknown these calculations were performed by iteration.
C ORRELATION FROM LITERATURE
Since the vapor quality and the flow regime(s) are not known in the current study it is difficult to
compare the heat transfer coefficient to correlations from the literature. The majority of the correlations
is based on vapor quality and/or flow regime. Hence, it was decided to compare the results to two
commonly recommended correlations in the literature. First of these is the Cooper’s nucleate pool
boiling correlation (Cooper, 1984). Cooper correlated the heat transfer coefficient with heat flux, reduced
pressure, surface roughness and molecular weight. For boiling on horizontal plane surfaces, the heat
transfer coefficient is given by

h

Cooper

= 55 pr(

0.12 − 0.2log10 ( ε ) )

( − log10 pr )

−0.55

M −0.5 q 0.67 (24)

Where h C o o p er is the heat transfer coefficient, pr is the reduced pressure, M is the molecular weight, q is
the heat flux and ε is the surface roughness. The heat flux q is calculated according to

q=

Q ⋅η 0
(25)
N ⋅ Afin

Where N is the number of fins, Afin is the wetted fin surface area, as before Q equals the electrical power
supplied to the system and η 0 is the fin efficiency for a fin with an adiabatic tip, which is derived from
(Holman, 2002):

η0 =

tanh(m ⋅ H )
(26)
m⋅ H

The wall roughness was arbitrarily set to 1µm for the calculations. This correlation is frequently used and
recommended by different authors to accurately predict nucleate pool boiling heat transfer coefficients.
The correlation is valid for 0.001 ≤ pr ≤ 0.9 and 2 ≤ M ≤ 200 .
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The experimental results were also compared to the Gorenflo correlation for nucleate pool boiling
coefficients (Collier et al., 1994). It is based on a reference heat transfer h0 at the following standard
conditions: reduced pressure Pr0=0.1, surface roughness ε0=0.4µm and heat flux q0=20,000W/m2. To
obtain coefficients at other conditions the following expression is used
nf

h = h0 FPF [ q / q 0 ]

[ε

0.133

/ ε0 ]

(27)

Where FPF is the pressure correction factor correlated as

FPF = 1.2 Pr0.27 + 2.5 Pr +

Pr
(28)
1 − Pr

The heat flux correction term has an exponent nf given as
nf = 0.9 − 0.3 Pr0 .3 (29)

The surface roughness of the actual surface ε is in micrometers and can be set to 0.4 for an unknown
surface. The expression is valid for all fluids except water and helium (for water a special correlation is
provided). The reference value used for h0 in this study is 4500 W/m2k which corresponds to the value of
R134a. The value for R245fa could not be found in the literature, but since R245fa has a comparable
performance to R134a it was decided to use that value. The value of q is calculated in the same way as
for the Cooper correlation described above.
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5.RESULTS AND DISCUSSION
In this chapter the experimental results are introduced and discussed. The chapter is divided into six
subsections which each covers a specific topic. The first two chapters discuss the comparison of the
condensers and the evaporators, respectively. These analyzes are followed by identification of the
optimal configuration of the system for maximum heat load dissipation and optimum thermal
performance. Subsequently, a parametric study is conducted which addresses the effect of filling ratio,
heat load and air flow rate on the performance of the system. The intention of the parametric study is to
characterize the system behavior and identify the optimum filling range. Finally, a comparison to
empirical correlations is provided. The chapter is structured in the following way:
•
•
•
•
•
•

Analysis of the condensers
Analysis of the enhanced surfaces
Filling ratio analysis
Heat load analysis
Air flow rate analysis
Comparison to empirical correlations

5.1.

ANALYSIS OF THE CONDENSERS

When comparing the condensers the most important characteristics are low air pressure drop, to minimize
fan power, and the ability to handle high heat loads with minimum total thermal resistance. To provide a
good basis for the analysis table 10 summarizes the properties of the three different condensers. Unless
otherwise stated, all experiments are performed at a constant atmospheric temperature of 23°C and the air
flow rate is kept at a nominal value of 270m3/h.
Table 10: Geometry of condensers

Name
CD 1
CD 2
CD 3

5.1.1.

Fin type
Straight
Wavy
Straight

Fin separation [mm]
4
4
2

Material
Aluminum
Aluminum
Aluminum

TOTAL THERMAL RESISTANCE

Figure 28 shows the total thermal resistance for the three different condensers at two different filling
values (filling level 2 is higher than filling level 1). In all cases the total thermal resistance decreases
with increasing heat load, until dryout is initiated, which is characterized by a swift rise in the thermal
resistance. The system with CD2 has the lowest thermal resistance in all cases and is able to handle the
highest heat loads. For the lower filling value it is noteworthy that the onset of dryout for the systems
with CD1 and CD3 starts at 4W/cm2 and 4.5W/cm2, respectively whereas the onset of dryout for the
system with CD2 does not happen until at 6.5W/cm2. For the higher filling value where the systems of
CD1 and CD3 show a sign of dryout at 5W/cm2 and 6W/cm2, respectively, the system with CD2 has not
yet reached dryout at 6.5W/cm2. This performance difference will be analyzed in more detail below.
Comparison of the systems with CD1 and CD3, for the lower filling level, shows that CD3 is able to
handle higher heat loads and results in lower total thermal resistance after dryout. For the higher filling
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value CD1 and CD3 are very close in terms of total thermal resistance but the system with CD3 is again
able to handle higher heat loads.
Tatm=23°C, Vair=270m3/h, Filling value 1
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Figure 28: Total thermal resistance as a function of heat load for the three condensers at (left) filling value 1 (right) filling value 2

5.1.2.

EVAPORATOR AND CONDENSER THERMAL RESISTANCES

The total thermal resistance is the sum of the condenser and evaporator thermal resistances. Analyzing
the condenser and evaporator thermal resistances separately therefore, enables a more detailed analysis.
Figures 29 and 30 show the evaporator and condenser resistances, respectively, for the three condensers
at the two different filling values.
The evaporator thermal resistance decreases with increasing heat load until dryout is initiated. Once
dryout starts, the curve rises swiftly demonstrating that the characteristic rise in the total thermal
resistance, at the same point, can be attributed to the significant rise in the evaporator thermal resistance.
For the lower filling value the system with CD2 has the lowest thermal resistance (at higher heat loads)
and is able to handle the highest heat loads. Before dryout, the system with CD3 has about 2K/kW higher
resistance than CD1 on average but is able to handle 0.5W/cm2 higher heat load. For the higher filling
value, before the onset of dryout, the three condensers show a comparable performance in terms of
resistance. CD2 is able to handle the highest heat loads whereas CD1 shows the least performance in that
regard. These results indicate that the system with CD2 is able to maintain better surface wetting of the
channels in the evaporator, which delays the onset of dryout. Different factors can affect the degree of
surface wetting of the channels for a given heat load and filling ratio; substantial among them are the
flow pattern of the fluid in the channels and the level of subcooling. As will be demonstrated below, the
level of subcooling in CD2 is considerably higher than for the other two, especially for the lower filling
level.
The condenser thermal resistance curves for the three condensers all have the same characteristic shape.
As a rule, in the beginning there is a sharp decrease in the thermal resistance but the slope becomes more
moderate with increasing heat load. For the lower filling value the condensers have a very similar level
of thermal resistance. For the higher filling level the system with CD2 has 4% lower thermal resistance
on average than the system with CD3 and 8% lower on average than the one with CD1, for the whole
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range of heat loads. The air side of the condensers has dominating affects in this regard and this
performance difference can be attributed to the distinctive geometries of the fins in the condensers. CD1
and CD2 have the same fin density but CD2 has wavy fins whereas CD1 has straight fins. The wavy
shape induces more turbulence of the air stream and hence improves the heat transfer. Comparing CD1
and CD3, they both have straight fins but CD3 has twice as high fin density as CD1. With higher fin
density the available heat transfer area is increased which enhances the performance.
Tatm=23°C, V air =270m3/h, Filling value 1
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Figure 29: Evaporator thermal resistance as a function of heat load for the three condensers at (left) filling value 1 (right) filling value 2
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Figure 30: Condenser thermal resistance as a function of heat load for the three condensers at (left) filling value 1 (right) filling value 2

5.1.3.

SUBCOOLING AND SUPERHEATING

Figures 31 and 32 show the comparison of subcooling and superheating for the two different filling
levels, respectively for the three condensers. The level of subcooling increases nearly linearly with
increasing heat load for all condensers. For the lower filling level the systems with CD1 and CD3 have
very similar slopes and a comparable level of subcooling. The system with CD2 on the other hand, has a
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steeper slope and a higher level of subcooling, more than 40% where the difference is highest. For the
higher filling ratio the condensers all have a similar level of subcooling. Before 4W/cm2 the system with
CD2 has the lowest level of subcooling, 1-2°C lower than the systems with CD1 and CD2 on average.
After 4W/cm2 the subcooling of the system of CD2 increases with a slightly faster slope which results in
the system of CD2 having 1-2°C higher subcooling than CD1 and CD3 at this higher range of heat loads.
Competing effects influence the level of subcooling in the system. For a given heat load, the filling ratio,
pressure drop and saturation pressure, which is directly linked to the thermophysical properties of the
fluid, can all affect the level of subcooling. The fact that at the higher filling ratio the condensers all have
a similar level of subcooling suggests that when the filling level is sufficiently high it has dominating
effects on the level of subcooling.
The level of superheating rises with increasing heat load. For the lower filling value the system with CD1
has the highest superheating for any given heat load, whereas the system with CD2 has the lowest. From
the figure it can be seen that the onset of dryout, where the slope suddenly becomes steeper, starts around
4W/cm2 for CD1, 4.5W/cm2 for CD3 and 6.5W/cm2 for CD2 as was previously noted when analyzing the
total thermal resistance. This illustrates that the onset of dryout is delayed by about 2W/cm2 when using
CD2 compared to CD3. For the higher filling ratio the superheating curves show a similar trend, although
it is not as clear. This can be attributed to the fact that the higher filling ratio leads to better surface
wetting of the evaporator channels and thereby delays the onset of dryout. Superheating therefore, is
irrelevant up to a heat load of 6 about W/cm2.
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Figure 31: Subcooling as a function of heat load for the three condensers at (left) filling value 1 (right) filling value 2
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Figure 32: Superheating as a function of heat load for the three condensers at (left) filling value 1 (right) filling value 2

5.1.4.

BASE PLATE TEMPERATURE

Figure 33 shows the maximum base plate temperature for the three condensers at the two different filling
ratios. The temperature rises linearly with increasing heat load until the onset of dryout where the
temperature swiftly starts to rise with a steeper slope. Before dryout occurs, for each condenser, they all
have the same level of maximum temperatures. For the lower filling ratio it can be seen that dryout
occurs first for system with CD1, then for CD3 and finally CD2. For the higher filling this is not as clear
but there the same trend is evident.
Figure 34 shows the maximum base plate temperature difference for the three condensers. The
condensers all result in a similar trend of maximum temperature difference for both filling levels. Before
the onset of dryout the maximum temperature difference is irrelevant, but as soon as dryout has initiated
the temperature starts to rise rapidly. Before dryout the temperature difference for the system with CD3
is slightly higher than that of the other two. Although the curve of the system with CD2 shows a
decreasing trend after 5.5W/cm2, for the higher filling ratio, this is not the characteristic shape of the
curve. At higher heat loads the curve would start rising and rise sharply with the onset of dryout.

- 60 -

Tatm=23°C, Vair=270m3/h, Filling value 1

Tatm=23°C, Vair=270m3/h, Filling value 2

90

CD1
CD2
CD3

70

60

50

40

30

CD1
CD2
CD3

80
Max base temperature [°C]

80
Max base temperature [°C]

90

70

60

50

40

1

2

3

4

5

6

7

30

8

1

2

3

2

4

5

6

7

8

Head load [W/cm2]

Head load [W/cm ]

Figure 33: Maximum base plate temperature as a function of heat load for the three condensers at (left) filling value 1 (right) filling
value 2
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Figure 34: Maximum base plate temperature difference as a function of heat load for the three condensers at (left) filling value 1 (right)
filling value 2

5.1.5.

MASS VELOCITY

Figure 35 shows the mass velocity of the fluid in the evaporator for the three condensers. The mass
velocity increases linearly with increasing heat load but is independent of the condenser geometry. The
systems all have the same level of mass velocity, rising with nearly the same slope for both filling levels.
This is expected since all the systems have the same enhanced surface in the evaporator. The channel
geometry of the enhanced surface and the level of heat load have dominating effects on the mass velocity
as will be explained below.
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Figure 35: Fluid mass velocity as a function of heat load for the three condensers at (left) filling value 1 (right) filling value 2

5.1.6.

AIR PRESSURE DROP

Figure 36 shows a comparison of air pressure drop for the three condensers as a function of air flow rate.
Evidently, CD2 has significantly higher air pressure drop than the other two. At an air flow rate of
300m3/h, which is close to the operational value in this study, 270m3/h, CD2 has an air pressure drop of
more than 450 Pa. This is more than 150% higher air pressure drop than that of CD3 and almost 240%
higher than that of CD1. This very high air pressure drop can be attributed to the wavy shape of the fins
in CD2. The high fin density of CD3 compared to that of CD1 results in higher air pressure drop in
CD3.
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Figure 36: Air pressure drop as a function of flow rate for the three condensers

5.1.7.

CONCLUSION
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It can be concluded that in terms of thermal performance the system with CD2 shows an outstanding
performance, being able to handle the highest heat loads and having the lowest thermal resistance. On
the other hand, the excessive level of pressure drop renders it less attractive, especially for industrial
applications. According to industrial specifications the pressure drop can be no more than 200Pa. That
excludes CD2 from the selection since the goal is to comply with industrial demands. The second best
thermal performance is given by CD3, which can handle higher heat loads than CD1. Although the air
pressure drop in CD3 is higher than that in CD1 it is still under the 200Pa limit for an air flow rate of
300m3/h, which is sufficient. Therefore CD3, with the better thermal performance, will be part of the
optimized system. For the ongoing analysis CD3 will be used as the condenser in the system.

5.2.

ANALYSIS OF THE ENHANCED SURFACES

When comparing the enhanced surfaces the most important characteristics are the ability to handle high
heat loads, capability to maintain even temperature distribution on the base plate and minimum total
thermal resistance. To provide a good basis for the analysis table 11 summarizes the properties of the
three different microchannel enhanced boiling surfaces studied. Unless otherwise stated, all experiments
are performed at a constant atmospheric temperature of 23°C and the air flow rate is kept at a nominal
value of 270m3/h.
Table 11: Geometry of enhanced surfaces

Name
Eva 1
Eva 2
Eva 3

5.2.1.

Hydraulic
diameter
[mm]
1.71
1.33
0.92

Fins per
inch
12
12
20

Fin height
[mm]
6
2
2

Total
number of
fins
76
76
126

Fin
separation
[mm]
1
1
0.6

Material
Copper
Copper
Copper

TOTAL THERMAL RESISTANCE

Figure 37 shows a comparison of the total thermal resistance for the three different enhanced surfaces at
two different filling levels (filling 2 is higher than filling 1). Note that these filling levels are not the
same as in the previous analysis for the condensers. In all cases the total thermal resistance decreases
with increasing heat load, until dryout is initiated which is characterized by a swift rise in the thermal
resistance. The figure illustrates that the system with Eva1 has the lowest total thermal resistance. For
the lower filling ratio, dryout initiates after 3W/cm2 for the systems with Eva1 and Eva2. At this point
Eva1 has 3% lower total thermal resistance than Eva3 and 6% lower than Eva2. At the higher filling
ratio dryout initiates after 5W/cm2 for the systems with Eva1 and Eva3. At this point the system with
Eva1 has 5% lower total thermal resistance than the system with Eva3. Dryout has already initiated after
4.5W/cm2 for the system with Eva2. The cause for this difference between the systems will be analyzed
further below.
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Figure 37: Total thermal resistance as a function of heat load for the three enhanced surfaces at (left) filling value 1 (right) filling value 2

5.2.2.

EVAPORATOR AND CONDENSER THERMAL RESISTANCES

Figures 38 and 39 show the comparison of the evaporator and condenser thermal resistances,
respectively, for the enhanced surfaces at the two different filling levels. The evaporator thermal
resistance decreases slightly with increasing heat load until dryout is initiated. Once dryout starts, the
curve rises swiftly demonstrating that the characteristic rise in the total thermal resistance, at the same
point, can be attributed to the rise in evaporator thermal resistance. For the lower filling value at the
onset of dryout for the systems with Eva1 and Eva2, the system with Eva3 has 10% lower evaporator
thermal resistance than Eva1 and 19% lower resistance than Eva2. For the higher filling value the
resistances of Eva1 and Eva3 are almost identical, whereas the resistance of Eva2 is relatively higher.
This difference between them can be attributed to the channel geometries of the enhanced surfaces which
affect the flow rate, the pressure drop and the surface wetting in the channels. It is evident that Eva1 and
Eva3 are able to maintain better surface wetting than Eva2 which results in earlier dryout for Eva2 at the
higher filling ratio.
Figure 39 shows that for all surfaces, at both of the filling values, the condenser thermal resistance
decreases by more than 20% in total with increasing heat load. Typically, when there is no subcooling,
the condenser thermal resistance is independent of heat load. The current situation can be attributed to
the particular configuration of the system having the evaporator and the condenser almost at the same
level in height, which results in higher subcooling. For both filling levels the system with Eva1 has the
lowest condenser thermal resistance. For the lower filling level the system with Eva1 has 4% lower
resistance than the one with Eva2 and 9% lower resistance than the one with Eva3 at the highest heat load
before the onset of dryout, 3W/cm2. For the higher filling value before the onset of dryout for Eva1 and
Eva3, 5W/cm2, the system with Eva1 has 6% and 8% lower thermal resistance than the systems with
Eva2 and Eva3, respectively. This difference in performance can be attributed to the different level of
subcooling among them, as will be illustrated. Subcooling is preceded by increasing liquid accumulation
in the condenser. As liquid accumulates in the condenser, less surface area is available for condensation
which reduces the heat transfer efficiency.

- 64 -

Tatm=23°C, V air =270m3/h, Filling value 1

Tatm=23°C, Vair=270m3/h, Filling value 2

40

Eva1
Eva2
Eva3

30

25

20

15

10

Eva1
Eva2
Eva3

35
Eva thermal resistance [K/kW]

35
Eva thermal resistance [K/kW]

40

30

25

20

15

1

2

3

4

5

6

10

7

1

2

2

3

4

5

6

7

Head load [W/cm2]

Head load [W/cm ]

Figure 38: Evaporator thermal resistance for the three enhanced surfaces at (left) filling value 1 (right) filling value 2
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Figure 39:Condenser thermal resistance as a function of heat load for the three enhanced surfaces at (left) filling value 1 (right) filling
value 2

5.2.3.

SUBCOOLING AND SUPERHEATING

Figures 40 and 41 show the subcooling and superheating, respectively for the systems with the three
different enhanced surfaces at the two different filling values. The subcooling increases almost linearly
for all surfaces with increasing heat load. Eva3 has the highest level of subcooling in both cases. The
total increase of subcooling for Eva3, at the lower filling value where the heat load ranges from 2 to
5.5W/cm2, is about 6°C and is 11°C for the higher filling value where the heat load ranges from 2 to
6.5W/cm2. The increase of subcooling for Eva1 and Eva2 is in fact on a comparable level to that of Eva3
but the values of subcooling are lower. At the highest heat load before the onset of dryout for the lower
filling level (3W/cm2) the subcooling of the system with Eva3 is 45% higher than that of the systems with
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Eva1 and Eva2, which are equal at that point. For the higher filling level the subcooling of the system
with Eva3 is 13% higher than that of Eva2 and 33% higher than that of Eva1, at the highest heat load
before the onset of dryout (5W/cm2). This difference between them can be attributed to internal pressure
drop. Eva3 has higher fin density than the other two which inevitably leads to higher pressure drop. The
high pressure drop slows down the flow rate which leads to increased liquid collection in the condenser.
The superheating curves in figures show that for the lower heat loads superheating is negligible,
especially for the higher filling ratio, as the heat load increases further the superheating starts to raise.
For the lower filling level the system with Eva1 has the highest superheating at the point where dryout is
initiated, whereas Eva2 has the lowest value and the difference is almost 5°C. For the higher filling level
the system with Eva3 has the lowest level of superheating for all heat loads. At a heat load of 5W/cm2,
i.e. at the onset of dryout for the systems with Eva1 and Eva3, the systems of Eva1 and Eva2 have the
same level of superheating, 3°C higher than Eva3. After that, the superheating of the system with Eva2
raises faster than for the other two. This remarkably fast increase of superheating after the onset of
dryout for the system with Eva2 is also evident for the lower filling value. This suggests that the desired
bubble pump effect is more efficient for channel rewetting in Eva1 and Eva3 than for Eva2. This finding
will be discussed further subsequently.
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Figure 40: Subcooling as a function of heat load for the three enhanced surfaces at (left) filling value 1 (right) filling value 2
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Figure 41: Superheating as a function of heat load for the three enhanced surfaces at (left) filling value 1 (right) filling value 2

5.2.4.

BASE PLATE TEMPERATURE

Comparison of the maximum base plate temperatures as a function of heat load, for the two different
filling levels, is given in figure 42. The curves all have the same characteristic shape; in the beginning
the temperature rises linearly, then at a certain point the temperature starts to rise at a noticeably faster
rate. This point of abrupt change is where dryout is initiated. For the system with Eva2 this occurs at a
lower heat load than that for the systems with Eva1 and Eva3, which have almost identical trends. After
the inception of dryout the maximum base plate temperature of Eva2 for a given heat load is also
significantly higher than that of Eva1 and Eva3. As previously stated, Eva1 and Eva3 have very similar
trends but at higher heat loads Eva1 has about 2-3°C lower maximum base plate temperature.
Figure 43 shows the maximum base plate temperature difference as a function of heat load for the two
different filling levels. The curves have the same trend as the curves for the maximum base plate
temperature. In both cases Eva1 has the lowest temperature distribution. At the highest heat load before
the onset of dryout, for the lower filling level (3W/cm2), Eva1 has 2°C lower maximum temperature
difference than Eva3 and 4°C lower than Eva2. For the higher filling level at the same condition
(5W/cm2) Eva1 has 4°C lower maximum temperature difference than Eva3 and 10°C lower than Eva2.
These results again indicate that the bubble pump effect is more efficient for channel rewetting in Eva1
and Eva3 than in Eva2, which helps to delay dryout in these systems. Comparing Eva1 and Eva3
internally, Eva1 shows better performance. This difference in performance can be attributed to the
dimensions of the micro channels which differentiate the three surfaces.
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Figure 42: Maximum base plate temperature as a function of heat load for the three enhanced surfaces at (left) filling value 1 (right)
filling value 2
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Figure 43: Maximum base plate temperature difference as a function of heat load for the three enhanced surfaces at (left) filling value 1
(right) filling value 2

5.2.5.

MASS VELOCITY

Figure 44 shows the mass velocity in the evaporator for the three different surfaces at the two different
filling levels. The mass velocity increases linearly with increasing heat load. For a given evaporator the
slope of the mass velocity curve is the same for the two different filling levels. Eva2 has the highest mass
velocity in all cases and the steepest slope, 3.8 g/s m2 per 1W/cm2. Eva1 comes next with a more
moderate slope of 1.5 g/s m2 per 1W/cm2and finally Eva3 with the lowest mass velocity and a slope of
0.9 g/s m2 per 1W/cm2. This difference between the mass velocities of the evaporators can be attributed
to the channel geometries. As previously outlined, in confined flow growing bubbles initially have a
circular shape until their growth is constrained by the surrounding channel. When this happens the
bubbles start to elongate in the vertical direction and simultaneously push liquid upwards. Eva1 and
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Eva2 have the same channel width but the fin height of Eva1 is three times that of Eva2. Therefore, it
takes longer time for the growing bubbles in Eva1 to completely fill the channels before they can start to
elongate in the longitudinal direction and subsequently detach from the surface and push liquid upwards.
This results in slower mass velocity in Eva1. Comparing Eva2 and Eva3 they have the same fin height
but Eva3 has higher fin density and thereby smaller channel width. With smaller channel width the
pressure drop increases fast, which results in slower mass velocity.
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Figure 44: Fluid mass velocity as a function of heat load for the three enhanced surfaces at (left) filling value 1 (right) filling value 2

5.2.6.

CONCLUSION

To give a clear overview, table 12 and 13 summarize part of the previous findings in numbers. In each
column the relative performance of each surface compared to the best performing surface, for that
particular condition, is given in a percentage difference in a bracket next to the value. For instance, at the
lower filling ratio at a heat load of 500W the system with Eva2 has a total thermal resistance of 36K/kW
which is 10% more than that of the system with Eva1 which has the lowest thermal resistance at this
condition.
Table 12: Quantitative summary of the comparison of the enhanced surfaces at filling level 1

RTotal [k/kW] Reva [k/kW] Rcon [k/kW] Text_max [°C] Text_max_diff [°C]
EVA1
500W EVA2
EVA3
EVA1
Filling 1
700W EVA2
EVA3
EVA1
900W EVA2
EVA3

32 (0%)
36 (10%)
35 (6%)

11 (7%)
13 (23%)
10 (0%)

22 (0%)
23 (6%)
24 (11%)

40 (1%)
39 (0%)
40 (2%)

3 (0%)
6 (119%)
5 (68%)

38 (11%)
41 (21%)
34 (0%)

15 (26%)
20 (74%)
12 (0%)

21 (0%)
21 (3%)
22 (9%)

48 (1%)
52 (10%)
47 (0%)

6 (0%)
13 (126%)
7 (26%)

46 (5%)
56 (29%)
44 (0%)

22 (0%)
36 (65%)
22 (1%)

20 (0%)
20 (2%)
22 (9%)

60 (0%)
74 (22%)
63 (4%)

13 (0%)
28 (106%)
15 (12%)
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Table 13: Quantitative summary of the comparison of the enhanced surfaces at filling level 2

RTotal [k/kW] Reva [k/kW] Rcon [k/kW] Text_max [°C] Text_max_diff [°C]
EVA1
700W EVA2
EVA3
EVA1
Filling 2
900W EVA2
EVA3
EVA1
1100W EVA2
EVA3

34 (0%)
37 (12%)
36 (8%)

11 (0%)
12 (17%)
11 (1%)

23 (0%)
25 (9%)
25 (10%)

46 (0%)
49 (7%)
47 (2%)

5 (0%)
8 (82%)
7 (61%)

33 (0%)
37 (12%)
35 (6%)

10 (0%)
13 (22%)
10 (0%)

22 (0%)
24 (8%)
24 (9%)

51 (0%)
56 (9%)
53 (3%)

5 (0%)
11 (104%)
9 (67%)

36 (0%)
45 (25%)
37 (4%)

14 (3%)
22 (59%)
14 (0%)

22 (0%)
23 (6%)
24 (8%)

63 (0%)
72 (14%)
63 (0%)

10 (0%)
23 (128%)
13 (34%)

It can be concluded that surface Eva1, having 12fpi and 6mm high fins shows the best performance in
terms of total thermal resistance, temperature distribution and maximum base plate temperature.
Although Eva3 showed comparable performance in terms of evaporator thermal resistance, the very high
level of subcooling and the relatively high temperature distribution in the base plate render it less
attractive. The high fin density of Eva3 leads to higher pressure drop in the evaporator. The high
pressure drop and the relatively low hydraulic diameter of Eva3 lead to lower mass velocity of the
working fluid and hence worse performance in terms of temperature uniformity. Eva2 which has 12fpi
and 2mm high fins is characterized by high temperatures and early dryout but also very high mass
velocity, compared to the other surfaces. Referring to the findings of Delano (Delano, 1998), for a given
channel hydraulic diameter an optimum vapor flow rate exist which will result in maximum bubble pump
performance (see literature review). In other words, very high vapor mass velocity does not necessarily
result in high liquid velocity, and thereby sufficient surface wetting. This explains why the channels dry
out too fast which leads to the temperature extremes evident. This suggests that an optimal bubble
pumping effect could be found, by playing with the fin height (reduction of the fin width would increase
the pressure drop), which would be a compromise between bubble confinement and thereby the flow
pattern, the mass velocity and pressure drop. It would therefore be interesting to run further experiments
using enhanced surfaces with the same fin density but at a fin height in between 2 and 6mm to get a
clearer picture of this.
To summarize, for the current study Eva1 has shown the best overall performance and will therefore be
used for the subsequent parametric study on the performance of the thermosyphon loop.

5.3.

FILLING RATIO ANALYSIS

The volume fraction of liquid in the thermosyphon is a primary parameter that characterizes and
identifies the behavior of the system. By adjusting the filling ratio the performance may be improved
substantially. It is therefore of great interest to optimize the filling ratio of the system. Moreover,
industrialized thermosyphon systems are built to serve for years. The fluid level will inevitably change
over a decade of operation, no matter how tight the system is. Therefore it is important to map the
behavior of the thermosyphon system with regard to a change in the filling level.
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5.3.1.

TOTAL THERMAL RESISTANCE

Figure 45 shows the effect of filling ratio on the total thermal resistance. In figure 45(left) the total
thermal resistance is given as a function of heat load for several different filling values. The filling
values are rated qualitatively from 1 to 6, where 1 is the lowest filling but 6 is the highest filling ratio.
The figure demonstrates that, before the onset of dryout, the total thermal resistance increases with
increasing filling ratio. When more fluid is added to the system the pressure in the system rises as the
space for the vapor becomes less. This results in higher total thermal resistance. Another effect of
increasing filling ratio is that the inception of dryout is delayed. This means that with increasing filling
the system is able to handle higher heat loads. This can be attributed to better surface wetting of the
evaporator channels as the fluid level increases.
Figure 45(right) gives another perspective of the total thermal resistance. In this case it is given as a
function of filling ratio for several different heat loads. This figure manifests that for every heat load
there is an optimum filling which gives the lowest total thermal resistance. The optimum filling level is a
balance between the effects of superheating and flooding; when the filling level is too low for the desired
heat load, superheating results and when the filling ratio is too high, flooding accompanied by a high
level of subcooling results. A more detailed analysis is facilitated by observing the separate contributions
of the evaporator and condenser thermal resistances to the total thermal resistance.
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Figure 45: Total thermal resistance as a function of (left) heat load for different filling values (right) filling level for different heat loads

5.3.2.

EVAPORATOR AND CONDENSER THERMAL RESISTANCE

Figure 46 shows the effect of filling ratio on the evaporator and condenser thermal resistances. The
thermal resistance of the evaporator is only slightly affected by increasing filling since boiling takes place
at constant mass flow rate regardless of the fluid level increase, as will be illustrated below. However,
for higher filling levels where the saturation pressure has arisen significantly a small thermal resistance
increase is evident. This can be attributed to the change in fluid properties at this elevated pressure level.
Figure 46(left) further manifests the delay of the onset of dryout with increasing filling. Disregarding the
dryout effects, which can be attributed to the evaporator thermal resistance, figure 46(right) shows that
the change of the condenser resistance with increasing filling has dominating effects on the total thermal
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resistance. As the filling ratio increases the system pressure rises, as explained previously. This results
in higher fluid saturation temperature which consequently leads to increasing condenser resistance.
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Figure 46: Evaporator (left) and condenser (right) thermal resistances as a function of heat load for different filling levels

5.3.3.

SUBCOOLING AND SUPERHEATING

Figure 47 shows the effect of fluid filling ratio on subcooling and superheating of the system,
respectively. For a given heat load the subcooling increases with increasing filling. An increase in the
filling ratio is accompanied by an increase in fluid pressure which enhances the condensation rate. This
leads to increased liquid accumulation in the condenser. Hence, less surface area is available for
condensation which enhances sensible heat transfer. Due to the unique design of the system, the
evaporator and the condenser are almost at the same level. The consequence of this is that the level of
liquid is the same in the evaporator and the condenser. Therefore, the system is more prone to high levels
of subcooling compared to general loop thermosyphon systems.
In terms of superheating on the other hand, for a given heat load increasing filling ratio reduces
superheating. The elevated fluid pressure level at higher filling ratios leads to higher saturation
temperature. Higher saturation temperature further leads to enhanced condensation so more fluid is
available for channel rewetting. Secondly, more fluid volume also contributes to better surface wetting.
This eventually results in the delay of inception of dryout.
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Figure 47: Subcooling (left) and superheating (right) as a function of filling level for different heat loads

5.3.4.

MASS VELOCITY

Figure 48 shows the effect of filling ratio on the mass velocity of the fluid in the evaporator. The figure
illustrates that for a given heat load, increasing fluid level does not affect the mass velocity considerably.
These results partially explain why the evaporator thermal resistance is almost independent of the filling
ratio, excluding the delay in dryout.
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Figure 48: Fluid mass velocity as a function of filling level for different heat loads

5.3.5.

SUMMARY

Table 14 summarizes the previous findings of the effects of fluid filling on the thermosyphon system.
Reverting to figure 45(right), which shows that an optimum filling ratio exist for every heat load, it is
possible to determine the optimum filling ratio for the current study. Since the goal is to handle as high
heat loads as possible with minimum thermal resistance the second highest filling ratio, which
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corresponds to filling ratio F6 in figure 45(left), is the optimum value. This value of the filling ratio will
be used for the analysis of the effect of heat load on the thermosyphon system in the subsequent chapter.
Table 14: Summary of filling ratio effects ( increase,  decrease, - not affected)

Filling ratio
increase

5.4.

Total
thermal
resistance

Evaporator
resistance

Condenser
resistance

Subcooling

Superheating

Mass
velocity



-/ 







-

HEAT LOAD ANALYSIS

Heat load analysis allows identification of the highest tolerable heat load, which is a primary parameter
for every cooling system. Furthermore, thermosyphon systems are designed to operate at specific
nominal conditions. During operation the conditions may deviate from these nominal conditions. The
heat load of the dissipating power module could for instance increase with application. It is therefore
relevant to analyze the consequences of rising heat load above the nominal value. For the following
analysis the system is comprised of condenser CD3, enhanced boiling surface Eva1 and the filling ratio is
the previously mentioned filling value F6.

5.4.1.

THERMAL RESISTANCE

Figure 49 shows the thermal resistance of the thermosyphon loop as a function of heat load. The total
thermal resistance decreases significantly, about 30%, with rising heating power, until a specific level of
heat load has been reached. At this point the total resistance starts to rise swiftly again. This is the point
where dryout starts.
At the lowest heat loads the heat is mainly transferred through natural convection. A rise of heating
power activates the nucleate-boiling mechanism and the bubble pump effect. Further increase of heat
load intensifies nucleate boiling, hence the waiting time for bubble production is reduced and the bubble
frequency increases. Consequently the heat transfer efficiency increases. As the heat load increases the
heat transfer surface, at the top of the evaporator, gradually becomes less wetted by the liquid phase. The
liquid film becomes thinner and thinner and at a critical point the heat transfer is mainly to a poorly
conducting vapor in contrast to the highly conducting liquid. This is accompanied by a sharp rise in the
wall temperature and significant superheating; dryout has started. The characteristic shape of the
evaporator thermal resistance curve illustrates that this effect can be contributed to the evaporator
resistance. The condenser resistance on the other hand, decreases initially with increasing heat load but
becomes almost independent of the heat load at higher values. Many parameters affect the condenser
resistance and without knowledge of parameters such as the liquid level and the local fluid and wall
temperatures, which are not measured in this study, it is difficult to determine which one is dominating.
The most important among these parameters are the fluid saturation pressure, the fluid mass flow rate and
the level of subcooling.
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Figure 49: Thermal resistances as a function of heat loads

5.4.2.

SUBCOOLING AND SUPERHEATING

Figure 50 illustrates the effects of heat load on subcooling and superheating. Subcooling increases
significantly with increasing heat load. As the heat load increases and the boiling rate becomes higher
the fluid pressure increases. Increasing fluid pressure leads to higher fluid saturation temperature which
further results in increasing subcooling.
Superheating is irrelevant for the lower heat loads. When the heat load goes above 6W/cm2 the
superheating starts to rise and above 7.5 W/cm2 it becomes relevant, followed by a swift superheating
increase. This is the point where dryout starts, characterized by insufficient heat transfer surface wetting.
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Figure 50: Subcooling (left) and superheating (right) as a function of heat load

5.4.3.

BASE PLATE TEMPERATURE
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As the heat load increases the maximum temperature of the base plate rises, this is illustrated in figure
51(left). This can be attributed to the fact that as the heat load increases the fluid pressure increases.
Subsequently the fluid saturation temperature increases, so boiling takes place at successively higher
temperature levels. At the current conditions the temperature increase is steady with increasing heat load
until a heat load of 7.5 W/cm2 has been reached. At this point sharp rise in the maximum base plate
temperature occurs. The maximum base plate temperature reaches 85°C which is unacceptable for the
power module. Dryout has started and the heat transfer is mainly to a poorly conducting vapor, resulting
in superheating.
The maximum temperature difference in the base plate is depicted in figure 51(right). The maximum
temperature difference increases slowly with increasing heat load. The onset of dryout is a clear turning
point where a 0.5 W/cm2 increase in heat load results in about 75% increase in temperature difference.
This results in a maximum base plate temperature difference of 18°C which is unacceptable for the power
module. Such a high temperature difference and the high level of the maximum base plate temperature
reduce the reliability of the power module and may lead to thermal failures in the most severe cases.
Figures 52 to 57 illustrate the evolution of temperature distribution in the base plate with heat load. This
series of figures enables identification of the location of max and min temperatures in the base plate and
how their location changes with heat load. Ideally, the temperature should be uniform across the base
plate. However, from the series of figures it can be seen that for the lower heat loads, the top of the plate
is at a bit lower temperature than the rest of the plate and the lower right corner is particularly higher. As
the heat load increases, the middle of the plate gradually becomes the coolest part of the plate whereas the
right hand side remains at a bit higher temperature than the left hand side. It is difficult to state with
certainty, what causes this uneven temperature distribution since it is not possible to look into the
evaporator during operation. However, uneven fluid flow distribution is the most probable cause. In the
current setup, the bottom liquid distributor in the evaporator is supposed to promote even fluid
distribution into the channels. At the highest heat loads, the effects of dryout can be seen. At the top of
the channels, across the evaporator, liquid becomes deficient and the temperature at this location rises
sharply.
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Figure 51: Maximum base plate temperature (left) and maximum base plate temperature difference (right) as a function of heat load
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8

Figure 52: Temperature distribution in the base plate at a heat load of (left) 400W and (right) 600W

Figure 53: Temperature distribution in the base plate at a heat load of (left) 800W and (right) 900W

Figure 54: Temperature distribution in the base plate at a heat load of (left) 1000W and (right) 1100W
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Figure 55: Temperature distribution in the base plate at a heat load of (left) 1200W and (right) 1300W

Figure 56: Temperature distribution in the base plate at a heat load of (left) 1400W and (right) 1500W

Figure 57: Temperature distribution in the base plate at a heat load of 1600W
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5.4.4.

MASS VELOCITY

The evolution of mass velocity with increasing heat load is shown in figure 58. As the heat load
increases the boiling/evaporation rate increases. The waiting time for bubble production is reduced and
the bubble frequency increases. This enhances the buoyancy effect which drives the fluid circulation in
the evaporator. This results in steadily increasing mass velocity with increasing heat load.
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Figure 58: Fluid mass velocity as a function of heat load

5.4.5.

SUMMARY

Table 15 summarizes the previous findings of the effects of heat load on the thermosyphon system. The
maximum tolerable level of heat load for this setup and operational conditions is 7.5W/cm2 with a total
thermal resistance of 36K/kW. Above this level dryout starts which is accompanied with unacceptable
levels of superheating, resulting in high base plate temperature and divergent temperature distribution.
At this point the total thermal resistance also starts to increase swiftly. It is worth mentioning that this
value of highest tolerable heat load is at the module level. The power module contains 12 chips which
each dissipate heat on an area of 1cm2. On the chip level the highest tolerable heat load therefore equals
to 125W/cm2.
Table 15: Summary of heat load effects ( increase,  decrease, - not affected)

Heat
load
increase

At low
loads
At high
loads

5.5.

Total
thermal
resistance

Eva.
resistance

Con.
resistance

Subcooling

Superheating

Tb _ max

∆ Tb

Mass
velocity
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AIR FLOW RATE ANALYSIS
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The condenser in the thermosyphon loop is air cooled with forced convection. The flow rate of the air
affects the performance of the overall system. The nominal air flow rate is 270m3/h and this value has
been used in the previous analyses. The value is determined from the maximum acceptable outlet
temperature of the air stream, from a safety perspective. The temperature of the exhaust air should be no
more than 45°C. For inlet air stream at standard room temperature the temperature increase of the air is
therefore constrained to 20°C. This value determines the nominal air flow rate. With time the
performance of the condenser might be reduced, for instance due to clogging. Therefore it is essential to
map the effects of reduced air flow rate on the performance of the system.

5.5.1.

THERMAL RESISTANCE

Figure 59 shows the evolution of thermal resistance with air flow rate at a constant level of heat load. The
total thermal resistance decreases steadily with increasing air flow rate. For an increase of 100m3/h the
total thermal resistance decreases by more than 3.5 K/kW. This means that an air flow rate reduction
from 300 m3/h to 200 m3/h would result in 12% increase in the total thermal resistance of the system.
The condenser thermal resistance has dominating effects on the total resistance. As the air flow rate
increases the heat transfer coefficient of the condenser increases. Hence, the heat transfer rate increases
which lowers the fluid pressure and thereby the saturation temperature. Therefore the condenser
resistance decreases steadily with increasing air flow rate. However, the evaporator thermal resistance is
nearly independent of the air flow rate. Although the fluid saturation temperature decreases, the
maximum base plate temperature is reduced as well.
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Figure 59: Thermal resistances as a function of air flow rate

5.5.2.

SUBCOOLING AND SUPERHEATING

Figure 60 shows the effect of air flow rate on subcooling and superheating. The subcooling is reduced
with increasing air flow rate. When the flow rate is below 400 m3/h, the subcooling is decreased at a rate
of 2°C/100 m3/h. This can be attributed to the enhancement of the condenser heat transfer coefficient
which reduces the fluid pressure and thereby the fluid saturation temperature. At a constant heat load of
5W/cm2 there is no superheating in the system, therefore superheating is not affected by the air flow rate
in this condition.
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Figure 60: Subcooling (left) and superheating (right) as a function of air flow rate

5.5.3.

BASE PLATE TEMPERATURE

Figure 61 demonstrates the effect of air flow rate on the maximum base plate temperature and the
maximum base plate temperature difference. As the air flow rate increases the condenser heat transfer
coefficient increases which leads to lower fluid saturation temperature and thereby lower maximum base
plate temperature. If the air flow rate would be reduced from 300m3/h to 200m3/h the maximum base
plate temperature would be increased by 9%. The maximum base plate temperature difference is
independent of the air flow rate since both the fluid saturation temperature and the maximum base plate
temperature decrease with increasing air flow rate.
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Figure 61: Maximum base plate temperature (left) and maximum base plate temperature difference (right) as a function of air flow rate

5.5.4.

MASS VELOCITY
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600

Figure 62(left) illustrates the effects of air flow rate on the mass velocity of the fluid in the evaporator.
When the air flow rate is increased from 100m3/h to more than 550m3/h the mass velocity increased by
less than 4%. Therefore, it can be concluded that the mass velocity is independent of air flow rate.

5.5.5.

AIR PRESSURE DROP

Figure 62(right) shows the effect of air flow rate on the air pressure drop across the condenser. The
figure demonstrates that the air pressure drop increases with increasing air flow rate, as expected.
Increasing air flow rate therefore leads to reduced efficiency in terms of fan power.
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Figure 62: Fluid mass velocity (left) and air pressure drop (right) as a function of air flow rate

5.5.6.

SUMMARY

Table 16 summarizes the previous findings of the effects of air flow rate on the thermosyphon system.
As the air flow rate increases many parameters of the system show improved performance, but
simultaneously the air pressure drop rises, which reduces the overall efficiency of the system. The
nominal air flow rate is therefore a compromise between thermal performance and air pressure drop.
Table 16: Summary of air flow rate effects ( increase,  decrease, - not affected)

Total
Evaporator Condenser
thermal
Subcooling Superheating
resistance resistance
resistance
Air
flow
rate
increase

5.6.



-





- ()

Tb _ max
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-

Air
Mass
pressure
velocity
drop
-

HEAT TRANSFER COEFFICIENT

Figure 63 shows the experimental heat transfer coefficient calculated for the evaporator as a function of
heat load. The heat transfer coefficient increases with increasing heat load, reaches a maximum and then
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starts to decrease with a rather steep slope. After the maximum point has been reached, dryout is
gradually starting which reduces the heat transfer rate. As Thome (2010) explained this decreasing
nature of the curve after the maximum could partially be attributed to the rectangular shape of the
channel, since the wet corners may tend to resist complete dryout.
A comparison to Cooper’s correlation and the Gorenflo correlation is also provided on the plot. As can
be seen the experimental heat transfer coefficient does not compare very well to the theoretical
correlations. First of all, these correlations were developed for nucleate pool boiling and they do not take
the vapor quality into account. Therefore, they ignore the effects of subcooling and superheating which
have been shown to be at relevant levels in this study. Furthermore, they do not take into account the
effects of the bubble pumping effect. Moreover, the nature of the flow in the microchannels in this study
is unknown. As Thome (2010) explained, nucleate boiling in microchannels tends to occur only
upstream at or near the onset of boiling (at very low vapor qualities), but downstream it is the thin film
evaporation transfer mechanism that dominates the boiling in microchannels in the slug flow regime.
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Figure 63: Experimental heat transfer coefficient, evaporator side, as a function of heat load compared to Cooper and Gorenflo
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6.CONCLUSIONS
In the framework of this study, a thorough literature review on microchannel flow boiling and
thermosyphons was provided. Furthermore, an experimental campaign was conducted to characterize
and optimize a compact thermosyphon with enhanced boiling surface for power electronics cooling. In
the experimental campaign, three different condensers and three different enhanced surfaces were tested
at various operational conditions. The target was to identify the best configuration for maximum heat
load dissipation and optimum thermal performance. The experimental campaign was followed by a
parametric study to characterize the system behavior in terms of filling ratio, heat load and air flow rate.
Finally, the experimental heat transfer coefficient was compared to empirical correlations from the
literature.
The optimum configuration identified was the one with condenser CD3 and enhanced surface Eva1.
Condenser CD3 has straight fins and the highest fin density among the condensers tested. Enhanced
surface Eva1 has the highest fin height among the enhanced surfaces tested, 6mm, and a fin width of
1mm. With this configuration it was possible to dissipate a heat load of 1500W efficiently, with a
maximum base plate temperature of 75°C and a maximum temperature distribution around 10°C. For
this optimum configuration the evaporator heat transfer coefficient ranged from 3000 to 4900 W/m2K
with heat load. The unique design of the system having the condenser and the evaporator almost at the
same level, inevitably resulted in the evaporator and the condenser having the same liquid level inside.
For this reason the system was more prone to subcooling than conventional two-phase loop
thermosyphon systems. The consequences were mainly twofold: (i) improved surface wetting due to
subcooling and (ii) lower efficiency due to subcooling.
Following the results of this study it would be interesting to analyze the enhanced boiling surfaces
further. The results suggest that an optimum fin height might be identified between the two tested
heights of 2 and 6mm. The optimum point is a compromise between mass velocity and bubble pump
performance, which aids channel wetting. Furthermore, it would be interesting to develop empirical
correlations to predict the behavior of the system at other conditions than those tested. Finally, it is
necessary to find a robust method to evaluate the filling ratio in the system.
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